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Industrial and military vehicles, including trucks, tanks and others, employ 
cooling systems that address passenger cooling and auxiliary cooling loads ranging from 
a few Watts to 50 kW or more.  Such systems are typically powered using vapor-
compression cooling systems that either directly supply cold air to the various locations, 
or cool an intermediate single-phase coolant closed loop, which in turn serves as the 
coolant for the passenger cabins and auxiliary loads such as electronics modules. Efforts 
are underway to enhance the performance of such systems, and also to develop more light 
weight and compact systems that would remove high heat fluxes.  The distributed cooling 
configuration offers the advantage of a smaller refrigerant system package.  The heat 
transfer between the intermediate fluid and air or with the auxiliary heat loads can be fine 
tuned through the control of flow rates and component sizes and controls to maintain 
tight tolerances on the cooling performance. Because of the additional loop involved in 
such a configuration, there is a temperature penalty between the refrigerant and the 
ultimate heat sink or source, but in some configurations, this may be counteracted 
through judicious design of the phase change-to-liquid coupled heat exchangers. Such 
heat exchangers are inherently smaller due to the high heat transfer coefficients in phase 
change and single-phase liquid flow compared to air flow. The additional loop also 
requires a pump to circulate the fluid, which adds pumping power requirements. 
However, a direct refrigerant-to-heat load coupling system might in fact be suboptimal if 
the heat loads are distributed across large distances. This is because of the significantly 
higher pressure drops (and saturation temperature drops) incurred in transporting vapor or 
two-phase fluids through refrigerant lines across long plumbing elements.  An optimal 
 xviii 
system can be developed for any candidate application by assessing the tradeoffs in 
cooling capacity, heat exchanger sizes and configurations, and compression, pumping 
and fan power.  In this study, a versatile simulation platform for a wide variety of direct 
and indirectly coupled cooling systems was developed to enable comparison of different 
component geometries and system configurations based on operating requirements and 
applicable design constraints.  Components are modeled at increasing levels of 
complexity ranging from specified closest approach temperatures for key components to 
models based on detailed heat transfer and pressure drop models.  These components of 
varying complexity can be incorporated into the system model as desired and trade-off 
analyses on system configurations performed. Employing this platform as a screening, 
comparison, and optimization tool, a number of conventional vapor-compression and 
distributed cooling systems were analyzed to determine the efficacy of the distributed 
cooling scheme in mobile cooling applications.  Four systems serving approximately a 6 
kW cooling duty, two with air-coupled evaporators and two with liquid-coupled 
evaporators, were analyzed for ambient conditions of 37.78°C and 40% relative 
humidity.  Though the condensers and evaporators are smaller in liquid-coupled systems, 
the total mass of the heat exchangers in the liquid-coupled systems is larger due to the 
additional air-to-liquid heat exchangers that the configuration requires.  Additionally, for 
the cooling applications considered, the additional compressor power necessitated by the 
liquid-coupled configuration and the additional power consumed by the liquid-loop 
pumps result in the coefficient of performance being lower for liquid-coupled systems 
than for air-coupled systems.  However, the use of liquid-coupling in a system does meet 
 xix
the primary goal of decreasing the system refrigerant inventory by enabling the use of 









1.1 . Background 
 Large vehicles, including tanks and trucks, require passenger cooling and 
auxiliary cooling loads ranging from a few Watts to 50 kW or more.  These cooling loads 
are typically satisfied using a vapor compression system which is either directly coupled 
to the compartment air or to a secondary coolant loop, which is then coupled to the 
passenger cabin or other auxiliary loads.  Efforts are underway to enhance the 
performance of such systems, and also to develop more light-weight and compact 
systems that would remove high heat fluxes.  The distributed cooling configuration is one 
possible way to meet these goals.   
 Distributed thermal management systems are capable of using a single central 
plant coupled to a single-phase fluid in a closed secondary loop to provide heating or 
cooling when there are multiple, spatially separate heating or cooling requirements. 
Water and hydronic fluid mixtures are widely used as heat transfer fluids in the secondary 
loop. Examples of distributed thermal systems include district heating systems that meet 
industrial and residential heating requirements by providing steam or hot water to 
multiple buildings and hydronic residential heating systems that provide steam or hot 
water from a central boiler to individual room heater units in a single-family residence.  
The use of hydronic coupling has also been investigated for use in residential heat pumps 
(Jiang 2001). Additionally, distributed chilled water systems are often used for cooling 
coils in central air handling units, process applications, and systems where hot water, 
 2
steam, or electric sources are used for heating.  Data centers are also increasingly 
considering distributed liquid based cooling systems to provide essential, high 
performance electronics cooling.  A distributed cooling configuration built around a core 
vapor compression system could provide an optimum thermal management system to 
meet the multiple, distributed cooling requirements of large vehicles with several 
subsystems located throughout the engine compartment, cabin, and storage space.   
 Distributed cooling systems offer the advantage of a smaller refrigerant system 
package.  Conventional automotive vapor-compression systems transfer heat directly 
between an air stream and the refrigerant, necessitating the use of a cross-flow heat 
exchanger. Due to the low air-side heat transfer coefficient, the thermal resistance of the 
air-side dominates the substantially lower refrigerant-side resistance.  This mismatch 
limits heat exchanger design, leading to larger heat exchangers that do not fully take 
advantage of the high heat transfer coefficients associated with phase-change processes.  
In a distributed cooling configuration, the refrigerant exchanges heat with the hydronic 
fluid mixture in a counter-flow manner with comparable heat transfer coefficients and 
hydraulic diameters.  The higher heat transfer coefficients in both fluids allow the heat 
exchanger size to be much smaller for a given heat duty.  The smaller size allows for 
greater flexibility in location of the refrigerant subsystem within the vehicle.  
Additionally, the heat transfer between the intermediate fluid and air or with the auxiliary 
heat loads can be maintained within close tolerances through control of coolant flow rates 
and accurate component modeling and design. A distributed cooling configuration with a 
centralized refrigerant system core can be designed to have less refrigerant tubing, 
reducing pressure losses and the associated drop in saturation temperature, leading to 
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higher system efficiency and more economically sized heat exchangers. Additionally, as 
shown by Jiang (2001), a hydronically coupled system can reduce the refrigerant charge, 
which is of increasing importance as the contribution of synthetic refrigerant to global 
warming and ozone depletion comes under greater scrutiny. In the event that the thermal 
management system was required to operate in heating mode as well as cooling mode, a 
hydronically coupled system can be switched more easily than a conventional vapor-
compression system.  The hydronically coupled system merely requires the switching of 
hydronic fluid valves to switch the hot and cold sides of the system, resulting in a less 
complicated and more reliable system. 
 Consider a conventional vehicular air conditioning system for comparison with 
the distributed cooling configuration.  The conventional vehicular air conditioning system 
consists of a vapor-compression cooling system with an air-coupled condenser, an air-
coupled evaporator, an expansion device, and a compressor.  Figure 1 is a schematic of a 
system designed to provide passenger space cooling.  The state points described here 
correspond to the system schematic in Figure 1 and the system pressure-enthalpy diagram 
in Figure 2.  The representative system under consideration has a cooling duty of 6 kW 
with an evaporator volumetric air flow rate of 0.1416 m
3
/s (300 cfm) and ambient 
conditions of 37.78°C (100°F) and 40% relative humidity.  Beginning at the evaporator 
inlet, state point 1, the refrigerant is a two-phase vapor-liquid mixture.  With an air 
delivery temperature of 15.05°C (59.1°F) and assuming a closest approach temperature of 
4°C, the refrigerant saturation temperature is 11.05°C (51.9°F).  For R-134a, this requires 
a saturation pressure of 429.7 kPa (62.32 psi).  The refrigerant is vaporized and then 
superheated through the evaporator, exiting as a superheated vapor at state 2.  Cooling the  
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air stream to 15.05°C results in dehumidification to a relative humidity of 100%, and a 
humidity ratio of 0.01069.  After the refrigerant exits the evaporator, it enters the 
compressor.  From state point 2 to 3, work is added to the system, increasing the 
 
Figure 1: Schematic of a Conventional  
Vapor-Compression System 
 




refrigerant pressure and temperature.  To ensure that heat is rejected from the refrigerant 
to the condenser-side air stream, the refrigerant saturation temperature corresponding to 
the compressor discharge pressure must be higher than the highest air temperature in the 
condenser.  The average air outlet-temperature for a representative 0.8495 m
3
/s (1800 
cfm) condenser-side air stream is 45.38°C (113.7°F); assuming a closest approach 
temperature of 4°C, the refrigerant saturation temperature must be 49.38°C (120.9°F).  
For refrigerant R-134a, the saturation pressure at 49.38°C (120.9°F) is 1298 kPa (188.3 
psi).  After exiting the compressor, the superheated vapor refrigerant enters the 
condenser, where the refrigerant rejects heat directly to the coupled ambient air stream.  
The refrigerant transitions from a superheated vapor to a saturated vapor, saturated liquid, 
and sub-cooled liquid, progressively.  At the same time, the temperature of the ambient 
air stream increases as it gains energy from the condensing refrigerant.  After the 
refrigerant exits the condenser at state point 4, the pressure is reduced through the 
expansion device to the evaporator saturated pressure, thus completing the cycle.   
 For comparison, a representative distributed cooling system is discussed here. The 
distributed cooling configuration consists of a vapor-compression core coupled to the 
conditioned space and the ambient environment via liquid loops.  One possible system 
design is shown in Figure 3. It consists of a liquid-coupled condenser, liquid-coupled 
evaporator, expansion device, compressor, two liquid-air heat exchangers, and two liquid 
loop pumps.  A vehicular distributed cooling system could have an air- or liquid-coupled 
condenser; the common characteristic of the distributed cycles investigated here is the 
presence of the liquid-coupled evaporator and its corresponding coolant loop.  The state 
points described here correspond to the system illustrated in Figure 3 and the pressure-
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enthalpy diagram in Figure 4.  Refrigerant enters the evaporator at state point 1 as a two-
phase vapor-liquid mixture.  Heat is transferred from the evaporator-side liquid loop to 
the refrigerant across the liquid-coupled evaporator; decreasing the temperature of the 
coupling fluid and superheating the refrigerant.  The refrigerant exit from the evaporator, 
state point 2, also corresponds to the refrigerant inlet to the compressor.  The 
compression process of the refrigerant in the vapor-compression core of the distributed 
cooling system is the same as the process described above for the air-coupled vapor 
compression system.  The refrigerant exits the compressor at state point 3 as a high 
pressure superheated vapor before it enters the liquid-coupled condenser.  In the liquid-
coupled condenser, heat is transferred to the coupling fluid until the refrigerant exits at a 
sub-cooled state.  The temperature of the condenser-side liquid increases as it gains the 
heat rejected by the refrigerant.  Downstream of the condenser exit, state point 4, the 
refrigerant pressure is reduced through an expansion device, completing the refrigerant 
 




loop.     Coupling liquid exits the evaporator and enters the conditioned space liquid-air 
heat exchanger.  In this heat exchanger, the conditioned space air stream transfers heat to 
the low temperature liquid, reducing the air stream temperature while increasing the 
liquid temperature.  After flowing through the evaporator-side liquid-loop pump, the 
liquid returns to the evaporator.  The condenser-side liquid exiting the condenser flows 
through the liquid-air heat exchanger, where heat is rejected to the environment.  The 
fluid then is pumped back to the condenser.    
  There must be a temperature difference between two fluids for heat transfer to 
occur.  Due to the intermediate liquid loops in the distributed cooling system 
configuration, one must carefully consider the required temperature differences between 
any given fluid pair.  The required temperature difference is represented by a specified 
closest approach temperature (CAT) between the coupled fluids.  For the baseline air-
coupled system, a CAT of 4°C between the refrigerant and air was assumed for most 
 
Figure 4: p-h Diagram for a Simple Distributed Cooling System 
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cases.  For the distributed cooling configuration, there are now two CATs required on 
each side of the system: one between the air and the coupling fluid and one between the 
coupling fluid and the refrigerant.  For many of the cases studied in this investigation, the 
air-liquid CAT was specified to be 3°C and the liquid-refrigerant CAT was specified to be 
2°C.  It should be noted that the CATs in the two heat exchange processes represent a 
stack up in the required temperature difference between the refrigerant and the air.  A 
lower CAT was chosen for the coupling fluid-refrigerant heat exchangers because of the 
lower thermal resistances anticipated in liquid-coupled heat exchange compared to air-
coupled heat exchange.     
 This temperature penalty between the refrigerant and the ultimate heat sink or 
source may be compensated for through judicious design of the phase change-to-liquid 
coupled heat exchangers. Such heat exchangers are inherently smaller due to the high 
heat transfer coefficients in phase change and single-phase liquid flow compared to air 
flow. As noted, the additional loop also requires a pump to circulate the coolant, which 
adds pumping power requirements. However, a direct refrigerant-to-heat load coupling 
system might in fact be suboptimal if the heat loads are distributed across large distances. 
This is because of the significantly higher pressure drops (and saturation temperature 
drops) incurred in transporting vapor or two-phase fluid through refrigerant lines across 
long plumbing elements, which may increase the compressor power requirements and 
heat exchanger size. 
1.2. Scope of Research 
 To assess tradeoffs between potential system designs in cooling capacity, heat 
exchanger sizes, system complexity, and compression, pumping and fan power, a 
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versatile simulation platform is necessary so that optimal cooling systems can be 
developed for each candidate application. This simulation methodology must provide a 
consistent framework for the performance evaluation of systems of different capacities, 
while also providing a screening tool for the quick selection of the most optimal system 
configuration for each application. The availability of such a platform will assist in the 
long-term implementation of modular, scalable components and systems for a wide range 
of cooling capacities.  A simulation platform that addresses these needs was developed in 
this work. 
 The system simulation model was developed using Engineering Equation Solver 
software (Klein 2009).  The central subsystem in the model is a vapor-compression 
system that is coupled to either air or a secondary fluid as the heat source and sink. The 
cycle thermodynamics are captured by modeling the evaporation, compression, 
condensation, and expansion processes.  Several different source and sink coupling 
options are investigated so that tradeoff analyses between different candidate 
configurations can be made on the basis of heat exchanger surface area requirements, 
compressor and other auxiliary power, and ease of installation. The flexible modeling 
framework is such that either built-in, simple reduced-order models of heat exchangers, 
or detailed heat exchanger models developed elsewhere can be incorporated into the 
overall system-level simulation framework. The details of this model are described 
below. 
 The major components modeled include air-coupled condensers and evaporators, 
liquid-coupled condensers and evaporators, secondary fluid-to-air heat exchangers, and 
liquid-to-liquid heat exchangers.  These heat exchangers are initially modeled using 
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closest approach temperatures (CAT) specifications to achieve model closure.  The 
corresponding component models in varying degree of detail are designed to be 
integrated into the overall system in such a way that incorporation of detailed or simple 
component models into the overall system only requires changing a few call statements.  
Similarly, using simple assumptions about the physical geometry of the fluid passages, 
representative heat transfer coefficients for different fluids can be determined with the 
appropriate correlations and combined into the respective overall heat transfer 
coefficients to supplement the CAT-based models, with the resulting surface area 
estimates used for component and system configuration selection.   
 In addition to the major heat exchange components, models for minor components 
such as liquid, vapor and two-phase refrigerant lines, secondary fluid lines, and air ducts 
were also developed.  The line and duct models account for the heat loss or gain due to 
exposure to the ambient environment through convective and radiative modes and for 
fluid pressure drop as a function of line length and diameter.  In the case of the two-phase 
refrigerant, the saturation temperature drop due to pressure drop is also calculated. 
Compressors, pumps, and fans are modeled using isentropic efficiency specifications.  
While enabling reasonable estimates of system performance, these specifications also 
serve as simplified representations of more complex models based on performance curves 
that may be incorporated by a user, if such information is available through tests or 
vendor specifications.  Implementation of such more detailed models would only require 
a simple exchange of a few lines of EES code already provided in commented 
(inactivated) form in the present versions of the programs.  More detailed descriptions of 
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the component models and of methods for integrating these components into a system are 
provided in subsequent chapters.   
 The system models developed may be used to conduct parametric analyses of 
system performance as a function of component sizes, plumbing diameters and lengths, 
compressor type, and other component specifications.  The effects of plumbing bends and 
fittings can be determined if a detailed system orientation within a vehicle structure is 
known; however, these aspects are not considered in this study.  Parametric analyses of 
the variation in performance with ambient operating conditions and desired cooling 
conditions may also be conducted.  Most importantly, the effect of coupling to heat 
sinks/sources using closed-loop liquid coupling or air coupling can be studied before 
significant investment is made into detailed system and component design.  Thus, several 
configurations that prove sub-optimal may be eliminated readily, and the preferred 
configuration for a particular application under consideration may be identified with little 
initial effort.   
 To illustrate the utility of the models developed here, different representative 
distributed cooling systems for large vehicular application were evaluated and compared 
with corresponding air-coupled options.  System modeling results were used in 
conjunction with individual component models to yield component designs, which will 
be described in more detail in a subsequent chapter.  System performance was evaluated 
on the basis of a range of operating conditions including ambient temperature, 
conditioned space air delivery temperature, and cooled liquid delivery temperature.  
System performance was also studied over a range of system configurations with 
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variation of such parameters as the distance of a rear cooling zone from a front cooling 
zone.  
1.3. Thesis Organization 
The remainder of this thesis is organized as follows: 
• Chapter 2 reviews prior work relevant to the study of distributed cooling 
systems. 
• Chapter 3 describes the models that were developed for the heat 
exchangers, compressor, pump, fan, and minor components. 
• Chapter 4 presents and compares several specific cases that were 
investigated including parametric analyses for a representative air-coupled 
and a representative liquid-coupled system across a range of operating 
parameters.   
• Chapter 5 provides a summary of the conclusions obtained from this 





 This chapter provides a review of existing literature on the design and modeling 
of vehicular cooling systems, with an emphasis on the vapor-compression system, 
particularly those with hydronic fluid coupling.   
2.1. Vehicular Cooling Systems 
2.1.1. Alternate Cooling Technologies 
 Some of the earliest approaches to cooling the storage compartments of large 
delivery trucks used blocks of ice (Birch 1995).  Heat from the storage compartment was 
transferred to the phase change material as it melted.  The evaporative cooler was used in 
the 1950s (Birch 1995) for passenger cooling.  It achieved cooling by taking advantage of 
the latent heat of vaporization of water.  A mist of water was blown through the 
passenger compartment and evaporated as heat transferred from the passengers to the 
water.  This design, while simple, is only effective in drier climates where relative 
humidity is low.  In the 1970s,  an innovative compressed air system, the Rovac system, 
sought to take advantage of the decrease in temperature that accompanies a decrease in 
fluid pressure (Birch 1995).  Air was drawn into the vehicle through fans, compressed, 
cooled and then rapidly expanded, removing heat as it flowed through the passenger 
compartment.   
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2.1.2. Automotive Vapor-Compression Systems 
 Today, vapor compression systems are the most common systems for vehicular 
cooling. As previously described, such a system consists of an evaporator to remove heat 
from the conditioned space air stream, a compressor to elevate the pressure and 
temperature of the working fluid, a condenser to reject heat to the ambient environment, 
and an expansion device to reduce the pressure and temperature of the working fluid to 
prepare it to take on more heat from the conditioned space.  Air flow through the 
evaporator and into the passenger cabin or conditioned space is powered by a blower.  
Air flow across the condenser is either due to ram air as a result of the forward motion of 
the vehicle or is powered by a cooling fan, which draws the same air stream across the 
engine coolant heat exchanger of the vehicle.   
 Improvements in automotive air-conditioning systems have primarily resulted 
from incremental advances in component design and manufacture, and control schemes, 
rather than fundamental changes to the refrigeration cycle employed.  Advanced heat 
exchangers, such as flat-tube/multi-louvered fin with mini- or micro-channels, are lighter, 
smaller, and require less refrigerant (Jiang 2001).  Compressors have become lighter, 
more efficient, and quieter (Birch 1995). Advanced compressor designs allowing for 
variable displacement, including wobble-plate type, vane type, and scroll type 
compressors (Birch 1995) further increase performance.  Improvements in the control of 
the automotive air-conditioning system allow it to be more efficient.  Instead of setting 
the evaporator pressure to deliver 0°C air and then reheating the air to reach the desired 
temperature, one could allow the evaporator pressure to vary to directly deliver the 
desired air temperature.  This would avoid unnecessary compressor power consumption 
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and improve cycle efficiency (Eilemann and Kampf 2001).  Additionally, the use of 
electronic or thermostatic expansion valves instead of orifice tubes allows for more 
accurate matching between the vapor compression cycle and required cooling (Lou 
2005).   
2.2. Hydronic Fluid/Distributed Thermal Management Systems 
 Hansen (1985) defines a hydronic system as any in which the heat carrier, or 
working fluid, is neither consumed nor rejected after use but rather re-circulated in a 
loop.  A hydronic system does not create a cooling or heating effect; it merely transports 
heat from a source to a sink. Hydronic systems are not a new concept; the ancient 
Romans made use of hydronic heating systems with copper boilers and coils (Hansen 
1985).  Modern applications include district heating, district cooling, heat storage, and 
cogeneration.  Hydronic systems are also readily found in vehicles. In fact, the 
conventional engine coolant system, which uses a water/ glycol mixture as the transport 
fluid, is perhaps the most common hydronic system in use.   
 The concept of the distributed cooling system is an extension of the basic 
hydronic system.  Chilled water systems, which provide low temperature water for 
cooling at discrete, separated locations, are an example of a distributed cooling system.  
Jiang (2001) investigated the suitability and impact of hydronic coupling in a residential 
heat pump system.  An analytical model to predict the performance of a system with a 
core vapor compression cycle hydronically coupled at the condenser and evaporator was 
developed. In air conditioning mode, the cold hydronic loop was coupled to the 
conditioned space and the hot loop to the ambient, with the reverse true for heat pump 
operation. Performance of the hydronic system was compared with a conventional air-
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coupled heat pump system.  Both systems were designed for the same heating and 
cooling loads, 15.05 kW and 10.56 kW, respectively.  It was found that total heat 
exchanger material volume required for the condenser and evaporator was much lower 
for the hydronically coupled system. However, the total material volume was slightly 
higher due to the two extra liquid-to-air heat exchangers.  The total refrigerant charge 
required for the hydronically coupled system was less than 10% of the total refrigerant 
charge required for the conventional system. This can be attributed to the smaller liquid-
refrigerant heat exchangers and the absence of long refrigerant carrying lines normally 
found in an air-coupled system.   
 Rogstam and Mingrino (2003) developed and tested a coolant-based automotive 
heat pump system.  They claim that higher efficiency engines do not produce enough 
waste heat for use in heating the passenger compartment in cold weather conditions.  
They sought to decrease the warm-up time by using the engine coolant as a ready heat 
source by modifying the standard automotive air-conditioning system.  Their solution 
essentially reversed the basic automotive vapor compression system and replaced the 
conventional condenser with an engine-coolant/refrigerant heat exchanger.  This would 
be analogous to a liquid-coupled evaporator/air-coupled condenser distributed cooling 
system, except that the engine is being cooled instead of a passenger compartment.  
Unfortunately, there is little description of the system modeling used to develop this 
system. 
 Another example of the use of liquid-coupling in an automotive application is 
given by Kampf and Schmadl (2001).  In addressing the need to keep truck cabins cool 
when stopped without idling the engine, they developed a thermal storage system which 
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is essentially a distributed cooling system with the ability to readily switch heat sinks.  
Figure 5 shows the basic system that they developed.  It is readily noticeable that their 
system consists of an air-coupled condenser, compressor, and a liquid coupled 
evaporator.  The liquid loop can be routed to either the cooling battery, which is a phase-
change material, or to the cabin air-coupled heat exchanger, or both.  The solution they 
suggest to the cabin cooling problem is that the cooling battery could be ‘generated’ 
while the truck engine is running and the vapor-compression system is operational.  
When the truck engine is shut off, the vapor compression system is shut off, and the 
coolant is redirected so that there is a loop between the cooling battery and the cabin heat 
exchanger.  Liquid coupling enables the operation of this unique system.  Conceptually, 
this system is identical to one where there are multiple heat loads that are cooled by a 
single coolant secondary loop.  
 
Figure 5: Cooling Battery System, 
from Kampf and Schmadl (2001) 
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2.3. Component Modeling 
2.3.1 . Heat Exchanger Modeling 
 Accurately predicting heat exchanger performance with varying inlet conditions is 
critical for a thermal management system model.  One of the most common methods to 
model heat exchangers is to sub-divide the heat exchanger into a number of smaller 
control volumes or segments (Garimella and Wicht 1995; Rahman et al. 2003; Lou 2005; 
Schwentker et al. 2006).  These segments may span many parallel tubes and extend a 
certain, predetermined length (Garimella and Wicht 1995; Lou 2005), represent an entire 
tube pass (Rahman et al. 2003); or each tube may be segmented with the results of each 
segment leading into the next (Schwentker et al. 2006).  In their system model, Rahman 
et al. (2003) represented the heat exchangers as bare tubes with empirical correction 
factors for length and surface area. They also employed a series of “Shape Factors” to 
calibrate the results of their system model with the data from their experimental setup.   
 Alternatively, the segment heat duty may be modeled in a more realistic manner 
by considering the actual heat exchanger geometries and properties of both fluid flows.  
Garimella and Wicht (1995) and Schwentker et al. (2006) do this by using specifically 
identified heat transfer and friction factor correlations to calculate refrigerant-side and 
air-side heat transfer and pressure drop.  Both of these studies develop a thermal 
resistance network for each segment to determine a local value of UA, which is then used 
in the ε-NTU method to calculate fluid outlet conditions and the heat transferred in each 
segment.  A model may employ many segments to represent variations in fluid properties 
(Garimella and Wicht 1995), as in a phase-change process, or there may be fewer 
segments, as in a single-phase heat transfer fluid where there is not much variation in 
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fluid properties (Rahman et al. 2003).  For models that consider condensing or evaporator 
flows, it is important to capture the transition between single phase and saturated 
conditions at a segment level.  Some models determine the exact location of the 
saturated-liquid or saturated-vapor by continually checking for saturation conditions and 
altering the segment length as needed (Garimella and Wicht 1995).  Others simply 
maintain predetermined segment lengths and perform calculations based upon average 
quality (Lou 2005).  The use of fewer segments may be justified to reduce computation 
time in a system model; however, a large number of smaller segments may be required 
for detailed component design (Garimella and Wicht 1995; Lou 2005). 
2.3.1.1 Refrigerant Heat Transfer Coefficient and Pressure Drop 
 Refrigerant heat transfer coefficient and pressure drop are important parameters in 
any reasonably detailed heat exchanger model.  The local heat transfer coefficient and 
pressure drop are highly dependent on fluid properties, fluid flow regime, and the channel 
geometry.  Therefore any reasonable estimation of heat transfer coefficient or friction 
factor/pressure drop must account for all of these parameters.   
 Single-phase flow through tubes can generally be characterized as laminar or 
turbulent. Heat transfer coefficients in single-phase flows are easily calculated from the 
Nusselt number (Kays et al. 2005).  For laminar flow, the friction factor is typically a 
function of Reynolds number only. In most engineering applications, the most common 
way to predict fluid flow and heat transfer is with empirical and semi-empirical 
correlations.  Churchill’s (1977b, a) correlations for friction factor and Nusselt number 
are popular due to their ease of use and applicability to the laminar, transition, and 
turbulent regimes.   
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   For flow through non-circular cross sections, solutions of the laminar 
momentum and energy equations are available, often in tabular or graphical form (Kays 
et al. 2005).  Often the hydraulic diameter concept extends well to turbulent flow; 
however, the simplification breaks down for passages with sharp corners.  Many 
investigators have approached this issue by experimentally determining friction 
coefficients and heat transfer coefficients for non-circular geometries (Kays et al. 2005). 
Kakac et al. (1987) suggest a method to account for rectangular passage that agrees 
within 1% of the exact relations. 
 Two-phase heat transfer and pressure drop is of particular interest for vapor 
compression systems.  Condensing or boiling fluids behave much differently than a 
single-phase liquid or vapor.  This is due to the presence of both liquid and vapor in the 
same flow passage and the dynamics associated with the phase change of the fluid.  
These dynamics are highly dependent on whether the fluid is boiling or condensing, fluid 
properties and the geometry of the flow passage.   
 Early work on saturated flow boiling considered a range of fluids through 
conventionally sized flow passages with hydraulic diameters from 3 mm and up 
(Kandlikar 1990).  As energy is added to the saturated liquid, the thermodynamic quality 
increases from 0 to 1. During this progression, a number of distinct flow regimes are 
observed depending on heat flux, mass flux, quality and fluid properties.  In the isolated 
bubble regime, individual bubbles begin to appear at the tube surface.  As bubbles begin 
to coalesce, they form gas pockets in the predominantly liquid flow: the slug flow regime.  
The slug flow and the isolated bubble flow represent nucleate boiling (Grosse et al. 
2006).  As the vapor quality continues to increase, wavy, chaotic flows begin to appear, 
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called churn flow.  This can be considered a transition from nucleate boiling to 
convective dominated boiling.  Finally, a transition to annular flow is observed. 
Convective boiling dominates in the annular flow regime and it is characterized by a 
liquid layer on the tube wall surrounding a predominately gas flow (Grosse et al. 2006).  
Many researchers have attempted to quantify the impact of flow regime and the relative 
contributions of nucleate and convective boiling on overall flow boiling heat transfer 
coefficient. Work is still ongoing in this area, particularly in small channels where 
surface tension effects become increasingly important. Many empirical and semi-
empirical correlations provide satisfactory results for engineering design applications. A 
discussion of some of the more commonly used correlations follows. 
 Chen’s (1966) widely used correlation accounts for the combined effects of 
nucleate and convection boiling contributions.  The convective boiling contribution is 
determined from a modification of the Dittus-Boelter equation through the use of an 
effective two-phase Reynolds number, F.  The nucleate boiling contribution is calculated 
from a modification of Forster and Zuber’s (1955) correlation for the pool boiling Nusselt 
number through the use of a bubble suppression factor, S.  The two-phase Reynolds 
number F is a function of the Martinelli parameter.  The bubble suppression factor, S, is 
an empirical function of the two-phase Reynolds number.  A generalized form of the 
correlation is given in Equation 1.1; the full equation may be found in the original paper 
(Chen 1966). The correlation was compared with experimental results for water and 
organic fluids and found to be accurate within ± 12%.   
 
convective nucleateh h h= +  (1) 
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 Kandlikar (1990) sought to establish a general correlation for saturated flow 
boiling.  He postulated that the heat transfer coefficient would be the maximum of the 
heat transfer coefficients calculated for the convection boiling dominant and nucleate 
boiling dominant regimes, both of which accounted for convective boiling and nucleate 
boiling effects.  The basic relationships in the correlation are given in Equation 1.2, and 
the full correlation may be found in the original paper (Kandlikar 1991).  It was reported 
that of the data points used to develop the correlation, 66% were predicted within ±20 % 
error, while 86% of the values were predicted within ±30% error.  The data on which the 
correlation is based are for tube diameters ranging from 5 mm to 32 mm and mass fluxes 
of 15 to 4900 kg/m
2
-s.  Carey (2008) suggests that, because of relatively good agreement 
with data for a broad range of fluids, Kandlikar’s correlation may be the most reliable 













 Shah (1976) proposed a correlation for the heat transfer coefficient as a function 
of the convection number, the boiling number and Froude number.  This correlation is 
suitable for flow boiling in both vertical and horizontal tubes.  
 Heat exchangers with smaller hydraulic diameters are receiving increased 
attention.  The flow regimes and transitions differ from those observed in larger channels 
due to the increased importance of surface tension as hydraulic diameter decreases. This 
has necessitated the development of heat transfer correlations specifically for mini-
channels (Grosse et al. 2006).  According to Grande and Kandlikar (2003), a mini-
channel has a hydraulic diameter between 0.200 mm and 3 mm.  At these smaller 
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hydraulic diameters, surface tension becomes more important, while tube orientation 
effects from gravity become less significant.  According to Grosse et al. (2006), it 
generally appears that nucleate boiling is the dominant mechanism of the heat transfer 
during boiling in mini-channels and that there is a strong dependence on the heat flux.  
Qualitatively speaking, when bubbles form in the flow passage, instead of bubbles being 
intermingled in the passing liquid, they consume the entire flow area; thus leading to a 
true succession of liquid and vapor.  Among other differences, Carey (2008) notes that 
data show the heat transfer coefficient in mini-/micro-channels decreasing with 
increasing quality, which is the opposite trend found in conventionally sized tubes.   
 Yen et al. (2003) experimentally studied the saturated flow boiling of R123 and 
FC72 in 0.19, 0.3, and 0.51 mm inside diameter tubes, at mass fluxes of 50-300 kg/m
2
-s.  
They found that the heat transfer coefficient monotonically decreases with increasing 
vapor quality, independent of mass flux.  The effect of nucleate boiling was found to be 
dominant, while the convection boiling effect was minor. 
 Lee and Mudawar (2005) studied the heat transfer characteristics of R-134a in a 
micro-channel heat sink that was configured as an evaporator in a refrigeration cycle.  
They measured heat transfer coefficient at heat fluxes from 15.9 to 93.8 W/cm
2
, and 
vapor qualities from 0.26 to 0.87.  They found that low heat fluxes produce nucleate 
boiling at low refrigerant qualities, while high heat fluxes at medium and high qualities 
are dominated by annular film evaporation.  To address these observed trends, they 
developed a new correlation using data from the literature on water and their own R-134a 
data with a main dependence on the boiling number, Bo, and the liquid Weber number, 
Wefo.  They found that their correlation, when compared with the data, yielded a mean 
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absolute error of 12.26%, with most of the data falling within ±30%, while exhibiting the 
expected trends.   
 To account for the differences in flow regimes and heat transfer mechanisms 
encountered in mini- and micro-channels, Kandlikar and Balasubramanian (2004) 
recommended modifications to Kandlikar’s (1990) heat transfer coefficient for 
conventionally sized flow passages.  These modifications include changing the liquid-
only heat transfer coefficient that is used in the conventional correlations.  For the 
turbulent liquid-only Reynolds numbers, Relo > 3000, the fluid-specific correlating factor 
is to be taken as unity as the Froude number effect, or the effect of tube orientation, is 
expected to be negligible due to the increasing importance of surface tension.  For the 
laminar liquid-only Reynolds number, Relo < 1600, it is suggested that the liquid-only 
heat transfer coefficient be calculated using constant values for the liquid-only Nusselt 
number with a constant heat flux boundary condition, where the constants vary according 
to channel cross section for laminar fully developed flow (C = 4.36 for round tubes, C 
varies for rectangular aspect ratios).  In the transition range of the liquid-only Reynolds 
number, 3000 > Relo > 1600, they suggest an interpolation between the liquid-only heat 
transfer coefficient values for the laminar and turbulent regimes of liquid-only Reynolds 
number.  When the liquid-only Reynolds number is below 100, Kandlikar and 
Balasubramanian argue that since the flow boiling mechanism is dominated by nucleate 
boiling, the two-phase heat transfer coefficient should be set equal to the heat transfer 
coefficient for the nucleate-boiling dominated regime.   
 Figure 6 shows the heat transfer coefficient plotted against refrigerant quality for 
R-134a using the conventional flow boiling correlations described above.  Calculations 
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are carried out for conditions representative of those encountered in the present study (G 
= 95 kg/m
2
-s, q’’ = 10 kW/m
2
, Tsat = 5°C).  In order to determine the applicability of 
these correlations at representative mini-channel dimensions, the hydraulic diameter was 
allowed to vary from 1 mm to 0.1 mm.  For all values of hydraulic diameter, the 
calculated heat transfer coefficients were highest for Kandlikar’s (1990) correlation and 
lowest for Chen’s (1966) correlation.  Shah’s (1976) correlation yielded spikes in the heat 
transfer coefficient at the extremes of refrigerant quality, so these were not plotted for 
clarity; the spikes in heat transfer coefficient do not agree with other two correlations.   
 Figure 7 shows the heat transfer coefficient plotted against refrigerant quality for 
R-134a and the same conditions as above, using the correlations specifically intended for 
use with mini- and micro-channel flow passages.  At the hydraulic diameters relevant to 
this study, 1 mm to 0.5 mm, both Lee and Mudawars’s (2005) correlation and Kandlikar 
and Balasubramanian’s (2004) correlation yield similar values and trends for heat transfer 
 
Figure 6: Boiling Heat Transfer Coefficient vs. Refrigerant Quality for Conventional 
Tube Size Correlations 
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coefficient.  Like Shah’s (1976) correlation, Lee and Mudawar’s (2005) correlation 
yielded unrealistic different spikes in heat transfer coefficient as quality approached zero, 
while Kandlikar and Balasubramanian’s (2004) correlation yielded smoother results.  It 
should be noted that, though most of Lee and Mudawar’s (2005) correlation is based 
upon R-134a and water data (~0.3 < x < 1), only water data was available for the lower 
quality range due to their experimental setup.   
 Figure 8 shows the heat transfer coefficient plotted against refrigerant quality for 
R-134a using Kandlikar’s (1991) conventional tube size correlation and Kandlikar and 
Balasubramanian’s (2004) mini-/micro-channel correlation.  At hydraulic diameters of 1 
mm and 0.5 mm, both correlations yield almost identical trends, though the absolute 
value for the mini-/micro-channel correlation is lower by an average of 41% for the 1 mm 
diameter and 9.8% for the 0.5 mm diameter.  For the 0.1 mm hydraulic diameter, the 
 




value of the conventionally calculated heat transfer coefficient is much higher than for 
the other diameters, but the general trend is still exhibited.  The heat transfer coefficient 
calculated using the mini-channel correlation exhibits a drastically different trend.  At 
low refrigerant quality the heat transfer coefficient is very large, but it decreases rapidly 
with increasing quality.  This is likely due to the very low calculated vapor Reynolds 
number, which has a large influence on the correlation at smaller diameters.     
 Convective condensation is the rejection of latent heat of a refrigerant as it 
changes phase from a saturated vapor to a saturated liquid, while flowing through a 
passage.  As in flow boiling, various flow regimes are observed as the fluid transitions 
from a quality of 1 to 0. Flow regime in convective condensation progresses from annular 
flow with a liquid layer around a vapor core to stratified wavy flows, and slug flow and 
plug flow with larger, discrete vapor bubbles to bubbly flow with smaller bubbles 
distributed throughout the fluid with overlaps between these regions.  However, most of 
 
Figure 8: Boiling Heat Transfer Coefficient vs. Refrigerant Quality for a 
Conventional Correlation and a Mini-/ Micro-Channel Correlation 
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the heat transfer in the condensation process occurs under annular flow conditions (Carey 
2008).   
 Soliman et al.’s (1967) correlation is a convective condensation correlation for 
annular flow developed for conventionally sized flow passages.  Soliman et al.’s (1967) 
correlation directly considers shear at the interface of the vapor and liquid and at the tube 
wall.  Traviss et al. (1973) proposed a relation for the local heat transfer coefficient for 
annual flow convective condensation, which considered the Martinelli parameter and the 
liquid-only Reynolds number and Prandtl number.  Shah (1979) proposed a completely 
empirical correlation to fit the available convective condensation data for round tubes 
ranging in diameter from 7 to 40 mm.  The data for this correlation were from water, R-
11, R-12, R-22, R-113, and various organic working fluids.  The mean deviation from 
data was found to be 15.4%.   
 As in saturated flow boiling, the processes involved in convective condensation in 
mini- and micro-channels vary from flow in conventionally sized channels.  Through a 
simplified separate-cylinders model in small channels, Carey (2008) demonstrates that 
the film thickness should decrease and heat transfer coefficient increase as the tube 
diameter is diminished.  It is noted that these trends are observed in high-performance 
heat exchangers.  Carey (2008) and Kandlikar et al. (2006) provide a very detailed 
description of the recent research into convective condensation in small channels.  There 
is a slight difference in flow regime as noted by Wu and Cheng (2005) and Chen and 
Peterson (2006).  At high vapor qualities, there is initially core vapor flow with droplet 
flow at the tube walls, which soon transitions to annular flow.  As quality decreases the 
injection flow regime, consisting of a series of bubble growth and detachment activities 
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(Wu and Cheng 2005), develops where the thickness of the liquid film increases until the 
vapor-liquid interface becomes unstable, pinching off bubbles.  This is followed by slug-
bubbly flow.  Wang and Rose (2005) note that as the hydraulic diameter decreases, the 
annular flow regime persists over a larger quality range.   
 Wang et al. (2002) conducted heat transfer and flow visualization and 
measurement for R-134a condensing inside a horizontal, multiport, micro-finned tube 
with a hydraulic diameter of 1.46 mm over a range of parameters.  They varied mass flux 
from 75 – 750 kg/m
2
s and found that existing correlations over-predict heat transfer 
coefficient.  They developed a correlation to represent the heat transfer coefficient for all 
of their data for use in condenser design.  The reported mean deviation is ±6%, while 
79.2% of the data were within ±10%. 
 Agarwal et al. (2010) measured heat transfer coefficients in six non-circular 
horizontal micro-channel tubes during condensation of R-134a.  They considered various 
tube shapes including square, barrel, triangular, rectangular, and N-shaped, and also tubes 
with W-shaped inserts.  The hydraulic diameter of the flow passages ranged from 0.424 – 
0.839 mm, while the mass flux ranged from 150 – 750 kg/m
2
-s.  A modified version of an 
annular-flow-based shear driven heat transfer model for circular micro-channels 
(Bandhauer et al. 2006) was developed.  It makes use of the interfacial shear stress 
between the liquid and vapor phases, developed in a previous investigation of 
condensation pressure drop in circular and non-circular micro-channels (Agarwal and 
Garimella 2009), and a 2-region turbulent dimensionless temperature to calculate the 
condensation heat transfer coefficient.  The average absolute deviation for the overall 
model, including a mist-flow based correlation for use with triangular, N-shaped, and W-
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insert channels, is 16% with 77% of the data predicted to within 25%.  The average 
deviations for square and rectangular cross sections, which are relevant to the present 
investigation, are +13% and +15%, respectively.   
 Figure 9 is a plot of condensation heat transfer coefficient versus quality for the 
three conventional convective condensation correlations (Soliman et al. 1967; Traviss et 
al. 1973; Shah 1979) and the mini-/micro-channel convective condensation correlations 
(Wang et al. 2002; Agarwal et al. 2010) assuming a tube with hydraulic diameter of 1 
mm and fluid R-134a.  Flow conditions were assumed to be typical of those found in the 
condensers in the present study (G = 150 kg/m
2
-s, Tsat = 40°C, Psat = 1017 kPa).  It can be 
seen in Figure 9 that Shah’s (1979) and Soliman et al.’s (1967) correlations exhibit 
similar trends, with heat transfer coefficient initially increasing with decreasing quality 
and then decreasing as quality continues to decrease.  Heat transfer coefficients 
calculated using Traviss et al.’s (1973) and Wang et al.’s (2002) correlations are much 
higher for high vapor quality but decrease as quality decreases, eventually reaching 
values comparable to the other two correlations.  Agarwal et al.’s (2010) correlation 
yields heat transfer coefficient values that are in general agreement with the other 
correlations at low to mid-range qualities, but the heat transfer coefficient values begin to 
increase very rapidly for qualities greater than 0.7.  Calculations were not able to be 
carried out for qualities higher than 0.85; this is attributed to the fact that the mass flux 
investigated here is at the lower limit of applicability for this correlation.  Figure 10 is a 
plot of condensation heat transfer coefficient versus quality for a hydraulic diameter of 
0.5 mm, while Figure 11 is the same plot for a hydraulic diameter of 0.1 mm.  The trends 
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found for the 1 mm case are also found in the 0.5 mm and 0.1 mm case; however, the 
predicted values of the heat transfer coefficient from each correlation are much higher.   
        
 
Figure 9: Condensation Heat Transfer Coefficient vs. Refrigerant Quality, 
Dh = 1 mm 
 
 
Figure 10: Condensation Heat Transfer Coefficient vs. Refrigerant Quality, 
Dh = 0.5 mm 
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 Pressure drop of a two-phase fluid flow can be determined by considering the 
liquid and vapor as existing as two separate, distinct volumes which flow concurrently.  
This is the so called separated flow model.  The frictional two-phase pressure drop is 
generally considered to be proportional to the frictional pressure drop for the liquid phase 
or vapor phase if it were flowing alone.  The proportionality factor is known as the two-
phase multiplier.  Lockhart and Martinelli (1949) originally proposed a method for 
determining either the liquid or vapor two-phase multiplier for adiabatic gas-liquid flow 
in a round tube.  They assumed that the multiplier was only a function of the Martinelli 
parameter, the square root of the ratio of liquid-phase pressure drop to vapor-phase 
pressure drop.  Chisholm and Laird (1957) re-formulated Lockhart and Martinelli’s 
correlation accounting for the flow regime (turbulent or laminar) of the liquid-only or 
vapor-only flow through the use of tabulated constants.  Butterworth (1975) developed a 
 
Figure 11: Condensation Heat Transfer Coefficient vs. Refrigerant Quality, 
Dh = 0.1 mm 
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single form for the many correlations of the void fraction to be used when calculating the 
acceleration component of the two-phase pressure drop, including Lockhart and 
Martinelli’s (1949).  Carey (2008) notes that the Lockhart-Martinelli methodology yields 
accurate results over a wide range of conditions.  Carey (2008) also notes that surface 
tension and viscous forces tend to dominate gravitational forces in mini-/micro-channels.  
Kandlikar et al. (2006) provides a very detailed discussion of pressure drop of boiling 
and condensing fluids in mini-/micro-channels.  The approaches to account for the 
change in channel size are modifications of the methods for conventional tube sizes to 
achieve better agreement with data.  Ohtake et al. (2006) found that two-phase multiplier 
data from their experiments on small circular tubes agreed well with the conventional 
Lockhart-Martinelli correlation. 
2.3.1.2 Air-Side Heat Transfer Coefficient and Pressure Drop 
 As with the refrigerant, one must be able to adequately represent the heat transfer 
and pressure drop occurring on the air-side of the heat exchanger.  Air-side heat transfer 
in the present study is assumed to be enhanced by the use of corrugated, multi-louvered 
fins.  This is a common enhancement found in many applications, including automotive 
air conditioners (Birch 1995).  This is the same air-side enhancement method used by 
Garimella and Wicht (1995) when they modeled a flat-tube ammonia condenser.  They 
employed the Stanton number and friction factor correlations developed by Sunden and 
Svantesson (1992).  When Schwentker et al. (2006) modeled flat-tube, louvered-fin heat 
exchangers, they utilized the Chang and Wang (1997) and the Chang et al. (2000) 
correlations to represent the air-side heat transfer.   
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 Sunden and Svantesson (1992) determined that the existing correlations for the j- 
(Colburn) and f- factors, though they sometimes gave acceptable results, were not 
generally accurate when compared with available data.  They provided adjustments to 
Davenport’s (1983) dimensional correlation and Achaichia and Cowell’s (1988) non-
dimensional correlation; however, they also developed new correlations using multiple 
regression analysis, which they determined matched their measured data very well, 
though it was only for six samples (as noted by Chang and Wang (1997)).  Chang and 
Wang (1997) developed a generalized heat transfer correlation for the louver fin 
geometry from available data.  The 91 analyzed samples came from heat exchangers with 
different geometric parameters, such as louver angle, louver length, louver pitch, tube 
width, fin length, and fin pitch.  They found that 89.3% of their data were correlated 
within ±15% with a mean deviation of 7.55%, which they report as being much better 
than the results for other correlations.  In a continuation of Chang and Wang’s (1997) 
work, Chang et al. (2000) considered the same 1109 data points in 91 samples to develop 
a friction factor correlation for flow across a louver fin geometry.  They found that their 
proposed equation correlated 83.14% of the data within ±15% with a mean deviation of 
9.21%.   More recently, Chang et al. (2006) proposed an amendment to the Chang et al. 
(2000) correlation to smooth a discontinuity between Reynolds number regions.   
2.3.2 . Compressor Modeling 
 There are two general methods for modeling compressors: detailed mechanical 
models that capture the effect of the various compressor components on performance 
(Kim and Bullard 2002; Perez-Segarra et al. 2005; Duprez et al. 2007; Navarro et al. 
2007; Castaing-Lasvignottes and Gibout 2010) and empirical equations/data sets that 
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correlate certain variables with isentropic efficiency, volumetric efficiency, and 
compressor power (Cullimore and Hendricks 2001; Goodman 2008).  Goodman (2008) 
used data for a reciprocating CO2 compressor to develop, through regression analysis, a 
biquadratic equation with suction pressure, discharge pressure and suction superheat as 
variables to predict isentropic efficiency, volumetric efficiency, and compressor power.  
Performance data for a compressor, such as isentropic and volumetric efficiency and 
compressor power, can be tabulated as a function of compressor speed and suction and 
discharge pressures and can be provided in graphical or tabular form or as a set of 
equations.   
 Detailed, thermo-mechanical models of compressors can either be very general or 
very specific, depending on the desired level of complexity and available data.  Duprez et 
al. (2007) developed a simple, thermodynamically realistic model of reciprocating and 
scroll compressors that calculated working fluid mass flow rate and power consumption 
based upon operating conditions, including suction line diameter, compressor speed, 
swept volume, dead space, and desired suction and discharge pressures.  They claim that 
all of the data required for successful modeling are available in a typical technical data 
sheet or from simple matching of model results with stated power consumption values.  
They report model discrepancies from calculated data of 3% on average for the 
reciprocating compressor model and 3.5% for the scroll compressor model.   
 Perez-Segarra et al. (2005), Navarro et al. (2007), and Castaing-Lasvignottes and 
Gibout (2010) present very detailed compressor models.  Each sought to study the effects 
of the smallest parameters and sources of losses, including valve dimensions, activity, 
and leakages; fluid heating due to interactions with the body of the compressor and 
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nearby high-pressure fluid; and detailed mechanical interactions of various compressor 
components.  They characterize not only the overall performance of the compressor, but 
the detailed thermodynamic compression process.  The models developed by these 
investigators require detailed compressor design information including geometries and 
configurations.   
2.4. System Modeling 
 The goal of modeling a thermal management system is to predict how well a 
certain design will meet stated performance requirements including desired heating or 
cooling duty and COP.  There are many papers that develop automotive air-conditioning 
system models.  The best encountered source for these types of studies has been the 
Proceedings of the Vehicle Thermal Management Systems Conference sponsored by The 
Institution of Mechanical Engineers and the Society of Automotive Engineers. Most of 
the papers seem to fall into two main categories represented by the following 
investigations.  Detailed, often transient, system models seek to fully characterize the 
operation of the system in response to changing conditions, including transient heat loads 
(Cullimore and Hendricks 2001; El Bakkali et al. 2003; Hendricks 2003; Thelen and Zoz 
2003; Lou 2005).  The second type of study seeks to integrate a detailed model of a single 
component into a system model (Laboe and Gondusky 1995; Preissner et al. 2001; Mann 
and Nies 2003; Rahman et al. 2003).  Some models are provided by corporations to 
support their products (Carlyle 2010). 
 The first category of system models is well represented by the work of Lou 
(2005).  Lou (2005) sought to develop a dynamic system model that would allow for the 
integration of a 3-D dynamic model that captures the mechanical aspects of the 
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compressor with 1-D heat transfer, fluid flow and control valves.  It included a detailed 
variable displacement compressor model, transient models for the control valve and 
thermostatic expansion valve (TXV), and simplified heat exchanger, receiver, and hose 
models.  Some of the potential detail of the heat exchanger models was sacrificed so that 
the cooling system model could be incorporated in to an electronic, automatic 
temperature control model of the passenger cabin.   
 Rahman et al.’s (2003) work represents the second category of system modeling.  
Rahman et al. (2003) designed a 1-D model to simulate the performance of an 
automotive air-conditioning system.  The component models were simplified to achieve 
model convergence. However, the component models were modified with empirical 
calibration constants to match up system model prediction and actual system 
performance.  The authors found that their model results matched well with experimental 
performance at typical vehicle speeds and at idle conditions.   
 Jiang (2001) modeled a hydronically coupled, residential heat pump suitable for 
heating and cooling.  An ideal cycle to meet both heating and cooling requirements was 
determined; the results of this cycle were supplied to detailed compressor and heat 
exchanger models to determine the necessary geometries and configurations.  Heat 
exchanger modeling was carried out in segmental detail, much as in Garimella and Wicht 
(1995), to develop a design that yielded a minimum heat exchanger mass.   
2.5. Need for Further Research 
 Hydronically coupled systems have been used extensively in thermal management 
solutions.  Their use in large-scale city or campus district heating and cooling is well 
documented.  On a smaller scale, hydronically coupled distributed cooling systems have 
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been proposed for residential use.  Unique liquid-coupled heating and cooling systems 
have been proposed for niche automotive thermal management challenges.  Experimental 
investigations and system modeling have supported these developments. 
 The specific automotive thermal management challenges investigated for use of 
liquid-coupled systems include truck cabin cooling in non-idle, parked conditions and 
rapid warm-up of passenger spaces in cold climates.  Little has been stated on the 
applicability of hydronically coupled systems to general automotive air-conditioning, 
much less automotive distributed cooling.  Additionally, the system modeling in previous 
investigations has either not been described well or it is simplified to accommodate its 
incorporation into higher level models. 
 Therefore, this work focuses on extending the limited previous work on the 
automotive application of hydronically coupled, vapor-compression based systems.  Four 
system configurations are modeled.  Two of the systems model the cooling of one 
conditioned space air stream to determine the applicability of liquid-coupling to general 
automotive air-conditioning.  The other two systems model the cooling of two, spatially 
distributed conditioned space air streams to determine the applicability of liquid-coupling 
to automotive distributed cooling.  The objectives of this work are: 
• Develop detailed heat exchanger component models that account for the influence 
of design geometry and variations in fluid properties, especially during phase-
change processes. 
• Use the component models to design appropriate heat exchangers for the four 
system configurations. 
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• Incorporate the component models into system models to investigate the 
applicability of liquid-coupled systems to general automotive air-conditioning and 
distributed cooling.   
The methods used for developing these system- and component-level models are 
described in Chapter 3. 
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CHAPTER 3 
DESCRIPTION OF COMPONENT MODELS 
 This chapter describes the heat exchanger, pump, fan, and compressor models 
developed in the present work.  The heat exchanger models are used both for component 
design and as a part of the system models.  To accommodate both needs, the heat 
exchanger modeling is very adaptable.  This flexibility is achieved through the segmental 
nature of the model and the use of EES procedures and functions.  In the component 
models, accuracy is increased by increasing the number of single-phase or phase-change 
segments is merely increased to achieve the desired level of detail.  To capture the 
variation of the working fluids with respect to temperature and pressure, established 
correlations are used to model the single-phase and the phase-change heat transfer and 
pressure drop processes, coupled with the EES fluid property functions.  Models of the 
compressor, pumps, and fans are also included.  However, the level of detail in these 
models is comparatively less than that provided in the heat exchanger models because 
they are mainly intended for incorporation into the system models.   The single- and two-
phase fluid lines that connect the various components are also modeled to determine their 
effect on system operation.  These line models are applicable to the refrigerant, the 
coupling liquid, or for the evaporator-side air stream.   
3.1 . Liquid-Coupled Condenser 
 A liquid-coupled condenser would be used in a system where the refrigerant 
containing portion of the cooling system is centrally located or isolated from the other 
parts of the vehicle.  The liquid-coupled condenser model developed here calculates the 
heat rejected from the refrigerant to the high temperature coupling liquid loop. The model 
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also predicts the outlet temperature, pressure and enthalpy of the refrigerant and coupling 
liquid. The liquid-coupled condenser under investigation is assumed to be a counterflow 
micro-channel heat exchanger.  A schematic of a representative heat exchanger is shown 
in Figure 12.  To account for the spatially varying properties of the two-phase refrigerant 
flow, the liquid-coupled condenser was modeled using a segmental approach. The 
conditions at each segment were used as the input values for the subsequent segment.  
For a given heat exchanger geometry, the local heat transfer coefficients, pressure drops, 
and heat transfer areas are calculated. To aid in the discussion of this model, a 
representative liquid-coupled condenser is considered.  The values presented are for one 
of the six segments used in this heat exchanger model.  This condenser would be present 
in a system that has liquid-coupling on the ambient air-stream side.  Table 1 provides the 
input parameters for this heat exchanger, including the number of tubes Nt, tube port 
width wp, tube wall thickness tt, tube outer width tw,o, tube outer height th,o and heat 
exchanger length LHX.  The length of the segment for the values that are presented is 
0.088 m, while the total length of the heat exchanger is 0.415 m.  The total heat 
 
Figure 12: An Example Micro-Channel/Micro-Channel 
Counter-flow Heat Exchanger 
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exchanger length is not an integer multiple of the reported segment length.  This is due to 
the method employed in the segmental analysis, and is described later in detail.  The 
refrigerant and liquid inlet temperatures, pressures, and mass flow rates are also 
specified.     
3.1.1 Basic Geometry and Area Calculations 
 Figure 13 shows the basic geometry of a representative tube, which, excepting 
dimensional differences, is the same for the refrigerant and the coolant.  The tube inner 
width tw,i and inner height th,i are calculated by Eqs. 3 and 4, respectively, where tw,o is the 
tube outer width, th,o is the tube outer height, and tt is the tube thickness.   
 w,i w,o t2t t t= −  (3) 
 h,i h,o t2t t t= −  (4) 
Table 1: Liquid-Coupled Condenser Model Inputs 
tw,o, refg 76.2 mm wp, refg 0.7 mm Nt, refg 23 
th,o, refg 1 mm Np, refg 84 tt, refg 0.15 mm 
tw,o, liq. 76.2 mm wp, liq. 0.7 mm Nt, liq. 24 
th,o, liq. 1 mm tt, liq. 0.15 mm Np, liq. 84 
LHX 0.415 m xliq. 30% refg.








gpm)     
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With tw, o, refg = 76.2 mm, th, o, refg = 1 mm, and tt,refg = 0.15 mm, the refrigerant inner width 
and height are 75.9 mm and 0.7 mm, respectively.  For this condenser, the dimensions 
are the same for the liquid tubes and the refrigerant tubes.  The thickness of the 
strengthening web between each port tweb is calculated using Eq. 5, where Np is the 












With Np, refg = 84 and wp, refg. = 0.7 mm, tweb, refg = 0.206 mm.  The value is the same for 
the liquid tube.  The cross-sectional flow area of each tube Ac,flow is calculated using Eq. 6 
to be 41.16 mm
2
 for both the refrigerant and liquid tubes. 
 c,flow p p h,iA N w t=  (6) 














The inner direct surface area of a single tube Ad,i is calculated using Eq. 8, where Lt, seg, 
the length of the tube segment, is 87.66 mm.  This represents the top and bottom of each 
 
Figure 13: Tube Geometry Details for a representative 9 
port tube (Np = 9) 
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port for the entire tube length.  The calculated value for the refrigerant and liquid tube 
segment is 10,308 mm
2
. 
 d,i p p t2A N w L=  (8) 
The outer direct surface area of the tube segment Ad,o is calculated using Eq. 9.  This 
represents the top and bottom surface of the tube.  The calculated value for the refrigerant 
and liquid tube segment is 13,359 mm
2
. 
 d,o w,o t2A t L=  (9) 
The inner indirect surface area of the tube segment Aid,i is calculated using Eq. 10.  This 
represents the sides of the ports and accounts for the side wall contributions on either side 
of the tube width.  The refrigerant and liquid tube segment value is 10,308 mm
2
. 
 ( )( )id,i p h,i h,i t2 1 2A N t t L= − +  (10) 
The total inner direct surface area in the heat exchanger segment Ad,i,tot is calculated using 
Eq. 11, where Nt is the total number of tubes, either for the refrigerant or for the liquid.  
With 23 refrigerant tubes, Ad,i,tot,refg. = 237,084 mm
2




 d,i,tot t d,iA N A=  (11) 
The total outer direct surface area in the heat exchanger segment Ad,o,tot is calculated by 
Eq. 12 with  23 refrigerant tubes, Ad,o,tot,refg = 307,266 mm
2




 d,o,tot t d,oA N A=  (12) 
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The total inner indirect surface area for the heat exchanger segment Aid,i,tot is calculated 
by Eq. 13 with  23 refrigerant tubes, Aid,i,tot,refg = 237,103 mm
2
; 24 liquid tubes yield 
Aid,i,tot,liq = 247,412 mm
2
. 
 id,i,tot t id,iA N A=  (13) 
The fluid port aspect ratio, α*, the ratio of the port height to the port width, is calculated 
by Eq. 14.  The value is the same for refrigerant ports and liquid ports: α
*
 = 1. 
 h,i pt w
∗α =  (14) 
The general design of the heat exchanger consists of one tube for refrigerant flow stacked 
on top of a tube for liquid flow.  There is one extra liquid tube on top of the final 
refrigerant tube to maximize the heat transfer from the refrigerant to the liquid.  
Therefore, the total number of liquid tubes Nt,liq is dependent upon the number of 
refrigerant tubes Nt,refg, as calculated by Eq. 15.  As mentioned, there are 23 refrigerant 
tubes and 24 liquid tubes.   
t,liq t,refg 1N N= +     (15) 
3.1.2 Liquid-Side Modeling 
 The liquid is a single-phase liquid at all times in the condenser.  Therefore, the 
same calculations for heat transfer coefficient and pressure drop are applicable in each 
portion of the condenser.  Hydronic-liquid properties are calculated at the segment 
average temperature and pressure using the ‘BRINEPROP2’ function, including density 
ρliq, specific heat Cp liq, thermal conductivity kliq, viscosity µliq, and Prandtl number Prliq.  
‘BRINEPROP2’ is a function in EES for mixtures of water and a hydronic fluid (such as 
propylene-glycol), which allows the determination of properties such density, specific 
heat, thermal conductivity, and dynamic viscosity given the secondary refrigerant 
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concentration and temperature.  The ‘BRINEPROP2’ function equations, properties and 
coefficients used in this procedure are based on data from the IIR/IIF handbook on 
secondary refrigerants (Melinder 1997).  For an average liquid temperature Tliq., avg = 
48.83°C and a propylene-glycol concentration of x = 30% by mass, ρliq = 1009 kg/m
3
, 
Cpliq = 3.955 kJ/kg-K, kliq = 0.4668 W/m-K, µliq = 1.23 × 10
-3
  kg/m-s, and Prliq = 10.38.   
 The liquid mass flux Gcool is calculated using Eq. 16, where liqm  is the total mass 
flow rate of the liquid through the condenser, 0.2857 kg/s, and Ac,liq is the total cross-
sectional area of a single tube, 41.16 mm
2
.  The liquid mass flow rate is specified in order 
to achieve a desired liquid change in temperature across the condenser, which directly 
affects the total temperature difference between the air and the refrigerant.  With 24 













The average velocity of the liquid through the condenser vliq is calculated using Eq. 17 








The Reynolds number Reliq of the liquid flowing through the condenser is calculated 
using Eq. 18: Reliq = 165.3. 
 cool cool h,cool coolRe G D= µ  (18) 
The critical Reynolds number ReCrit for internal flow through ducts with rectangular 
cross-section (Kakac et al. 1987) is calculated by the sequence given as Eq. 19, where α* 
































 = 1, n = 2.2, and m = 2.2, the uratio = 2.1157, ReCrit = 2198.  If the calculated 
liquid Reynolds number is less than the critical Reynolds number, then the liquid Darcy 
friction factor fliq is calculated by Eq. 20, and the liquid Nusselt number Nuliq is calculated 
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 − α + α − α
=   + α − α 
 (21) 
Since this is the case, the resulting values are fliq = 0.3872 and Nuliq = 3.61.  If the 
calculated coolant Reynolds number is greater than the critical Reynolds number, then 
the Darcy form of the friction factor is calculated using Eq. 22, and the Nusselt number is 
calculated using Eq. 23, Churchill’s (1977a) correlation as a function of the circular 
friction factor (Kakac et al. 1987).  The circular friction factor mentioned is the Darcy 
form of Churchill’s (1977b) friction factor correlation for turbulent flow in circular cross-
section pipes, in which εpipe is the relative roughness of the tube, the ratio of the mean 
height of roughness of the tube to the tube diameter.  A representative value of the 
relative roughness is chosen as 0.0005 for this study, as recommended for new aluminum 
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  = + +         +        +    
 (23) 
(For illustrative purposes, if the liquid Reynolds number were 4000 with α
*
 =1, fcirc = 
0.2362, fliq = 0.2303 and Nuliq = 46.66.) 
 The pressure drop of the liquid across the given segment of the condenser ∆Pliq is 
calculated using Eq. 24, where Lseg is the length of the segment 87.66 mm.  With fliq = 
0.3872, Gliq = 289.2 kg/m
2
-s, Dh,liq = 0.7 mm, and ρliq = 1009 kg/m
3
, the segmental 















The total pressure drop for the example liquid-coupled condenser is 12.5 kPa.  The liquid 
outlet pressure for the given segment of the condenser is calculated using Eq. 25.  With 
an inlet pressure of 547.7 kPa, the outlet pressure is 545.6 kPa. 
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 liq,o liq,i liqP P P= − ∆  (25) 
The local liquid heat transfer coefficient hliq is calculated using Eq. 26.  With Nuliq = 3.61, 
kliq = 0.4668 W/m-K, and Dh,liq = 0.7 mm, hliq = 2407 W/m
2
-K.  
 liq liq liq h,liqh Nu k D=  (26) 
3.1.3 Refrigerant-Side Modeling 
3.1.3.1 Single-phase Pressure Drop and Heat Transfer Coefficient Calculations 
 
 As the refrigerant flows through the condenser, it transitions from a superheated 
vapor to a two-phase mixture to a subcooled liquid at the outlet.  The methodology for 
calculating the single-phase refrigerant pressure drop and heat transfer coefficient is 
nearly the same as that for the coolant detailed in the previous section.  The primary 
difference is that the fluid properties including density ρrefg, specific heat Cprefg, thermal 
conductivity krefg, viscosity µrefg, and Prandtl number Prrefg are calculated at the average 
refrigerant temperature and pressure in each heat exchanger segment. Refrigerant 
properties are determined using the  fundamental equation of state developed by Tillner-
Roth and Baehr (1994).  The local refrigerant pressure drop ∆Prefg and heat transfer 















 refg refg refg h,refgh Nu k D=  (28) 
At an average temperature and pressure of 62.5°C and 1492 kPa, a condition that is found 
in the de-superheating section of the condenser, the fluid properties are: ρrefg = 76.17 
kg/m
3
, Cprefg = 1.608 kJ/kg-K, krefg = 0.01778 W/m-K, µrefg = 1.355 × 10
-5
 kg/m-s, Prrefg = 
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0.9809.  With Rerefg = 2487, frefg = 0.03997, Grefg = 48.16 kg/m
2
-s, Dh,refg = 0.7 mm, Lt,seg 
= 0.415 m, and Nurefg = 5.863, ∆Prefg = 0.04758 kPa and hrefg = 148.9 W/m
2
-K. 
3.1.3.2 Two-phase Pressure Drop and Heat Transfer Coefficient Calculations 
  The contributions of the superheated and subcooled regions to the total condenser 
heat duty are small compared to the two-phase heat transfer region.  Therefore, it is 
important to accurately model the phase-change fluid dynamic and heat transfer 
phenomena associated with the condensation process.  The sample values in this 
discussion are for a condensing segment at the following conditions: xin = 0.5816, xout = 
0.2521, Tin = 54.99°C, Pin = 1492 kPa.  Fluid properties are calculated at the given 
temperature and pressure for saturated liquid and saturated vapor conditions: ρl = 1078 
kg/m
3
, ρv = 76.16 kg/m
3
, µl = 1.325 × 10
-4
 kg/m-s, µv = 1.355 × 10
-5
 kg/m-s, and kl = 
0.06761 W/m-K.  
 The two-phase pressure drop consists of a frictional component and an 
acceleration, or deceleration, component.  The refrigerant mass flux is calculated using 
Eq. 29; with refgm = 0.04559 kg/s, Ac,refg = 41.16 mm
2














The Reynolds numbers for the liquid Rel and vapor components Rev of the two-phase 
mixture are calculated by Eqs. 30 and 31, respectively, where µl is the saturated liquid 
viscosity and µv is the saturated vapor viscosity, and xavg is the average segment quality.   
 ( )l refg avg h,refg l1Re G x D µ= −  (30) 
 v refg avg h,refg vRe G x D µ=  (31) 
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With xavg = 0.417 and Dh,refg = 0.7 mm, Rel = 148.33 and Rev = 1037.  The Darcy friction 
factors for the liquid fl and vapor fv components are calculated based on the appropriate 
Reynolds number using the Churchill (1977b) correlation shown in Eq. 22. A relative 
roughness (ε) of  0.0005 is assumed: fl = 0.6001; fv = 0.04424. 
The frictional pressure gradients for the liquid (dP/dx)l and vapor (dP/dx)v phases flowing 
alone in the tube are calculated using Eqs. 32 and 33, respectively, where ρl and ρv are the 
saturated liquid and vapor densities: (dP/dx)l = 0.1616 kPa/m; (dP/dx)v = 0.3256 kPa/m. 
 ( ) ( )
2
2
l refg avg l h,refgl




v refg v h,refgv
2dP dx f G x Dρ=  (33) 
The Martinelli parameter XM is calculated using Eq. 34: Xm = 0.7045. 
 ( ) ( )M l vX dP dx dP dx=  (34) 
Lockhart and Martinelli (1949) suggest Eq. 35 as a correlation for determining the liquid 




l M M1 1C X Xφ = + +  (35) 
The constant C is dependent on the flow regime associated with the flow of the vapor and 
liquid alone in the tube.  Chisholm and Laird (1963) recommend certain constants for 
each flow regime combination using the Reynolds numbers for the liquid and vapor alone 
in the tube as transition criteria.  A Reynolds number of 2300 is deemed the turbulent 
transition point.  For turbulent vapor-turbulent liquid C = 20; for turbulent vapor-laminar 
liquid C = 12; for laminar vapor-turbulent liquid C = 10; and for laminar vapor-laminar 
liquid C = 5.  The frictional pressure drop across the given segment is calculated using 
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Eq. 36, where Lt,seg is the segment length.  Since both the vapor and liquid Reynolds 
numbers are laminar, C = 5, leading to a value of φl = 3.18; therefore, with Lt,seg = 
0.08766 m, ∆Prefg,fric = 0.1432 kPa. 
   ( )2refg,fric l seglP dP dx Lφ∆ =  (36) 
 The void fraction is needed to calculate the acceleration component of the two-
phase pressure gradient.  Void fraction is the ratio of volume occupied by the vapor to the 
total volume of the tube, or in flow situations, it can be considered the ratio of the flow 
vapor flow area to the total flow area.  Butterworth (1975) proposed the following form 
for the many void fraction correlations. 
 ( ) ( ) ( )1 2 3
1
v l l v1 1
n n n
B
B x xα ρ ρ µ µ
−
 = + −
 
 (37) 
The constants for the Lockhart and Martinelli correlation are: BB = 0.28, n1 = 0.64, n2 = 
0.36, and n3 = 0.07 (Butterworth 1975).  The acceleration pressure drop is associated with 
the change in the void fraction; therefore, the acceleration pressure drop is dependent 
upon the change in quality from the inlet of the segment to the outlet of the segment.  
Thus, the acceleration pressure drop is evaluated using the inlet void fraction αin and the 
outlet void fraction αout, which are themselves evaluated using the inlet and outlet quality, 
xin and xout respectively.  The inlet and outlet void fractions, at xin = 0.5816 and xout = 
0.2521, are αin = 0.9071 and αout = 0.7976.  The acceleration pressure drop across the 
segment is calculated using Eq. 39: ∆PAccel = -0.007038 kPa (with the negative sign 
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    − −
 ∆ = + − + ⋅   
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 (38) 
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The total pressure drop of the two-phase refrigerant across the segment is the sum of the 
frictional and acceleration components; it is calculated using Eq. 39: ∆Prefg = 0.1362 kPa. 
 refg fric AccelP P P∆ = ∆ + ∆  (39) 
 The two-phase heat transfer coefficient for convective condensation hcond is 
calculated using Shah’s (1979) correlation and Wang et al.’s (2002) correlation.  Heat 
exchanger designs using each of these correlations are compared to determine if the 
difference between them has a significant impact.   Shah’s (1979) correlation is given as 
Eq. 40.  It is applicable for mass fluxes from 11 to 211 kg/m
2
-s and liquid Prandtl 
numbers less than 13.  It is evaluated at the average segment pressure Pavg = 1492 kPa, 
the average segment quality xavg = 0.417, and the fluid critical pressure Pc = 4059 kPa. 
  ( ) ( ) ( )
0.8 0.04 0.38
0.76
cond lo avg avg avg avg c1 3.8 1h h x x x P P
 = − + −  
 (40) 
The liquid only heat transfer coefficient (hlo) is found by assuming the total flow is a liquid at the 
saturation temperature. It is calculated using the Dittus-Boelter equation shown in Eq. 41, where 
kl is the saturated liquid thermal conductivity and Prl is the liquid Prandtl number.  With kl = 
0.06761 W/m-K, µl = 1.325 × 10
-4
 kg/m-s and Prl = 3.151, hlo = 295.5 W/m
2




 ( )( )
0.8
0.4
lo l h,refg refg h,refg l l0.023 Prh k D G D µ=  (41) 
 Wang et al. (2002) postulate that the overall Nusselt Number for condensing 
refrigerant in rectangular millimeter-sized channels, Nuall, can be represented by 
considering the possibility of both annular flow and stratified flow, as in Eq. 42; however 
this assumes that there is a transition from annular flow to stratified flow within a given 
length of tube.  This assumption may be useful if longer tube lengths are employed, but 
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for this segmental analysis, this aspect is not used.  Since Wang et al. (2002) suggest its 
use for all qualities, only the annular flow Nusselt number is used in this work. 
 ( )all anul anul anul strat1Nu f Nu f Nu= + −  (42) 
The Nusselt number for condensation in the annular regime is calculated by Eq. 43, 
where the liquid-only Reynolds number Rel = 148.3, the local quality × = 0.417, the 
liquid Prandtl number Prl = 3.151, and the turbulent-turbulent Martinelli parameter Xtt = 
0.4513.  Nuanul = 8.828. 
 ( )
0.5
0.6792 0.2208 1.655 2
anul l l tt tt0.0274 1.376 8Nu Pr Re x X X= +  (43) 
 




 Two liquid-coupled condenser models were developed, one using Shah’s (1979) 
correlation and one using Wang et al.’s (2002) correlation.  Identical geometric 
parameters were specified for each model.  The average condensing refrigerant heat 
transfer coefficient for the Shah based model is 1111 W/m
2
-K, while the average 
condensing heat transfer coefficient in the Wang et al. based model is 1091 W/m
2
-K.  
With identical inlet liquid and refrigerant temperatures and pressures, the Shah based 
model transfers 7.715 kW and yields a refrigerant outlet temperature of 51.97°C, while 
the Wang et al. based model transfers 7.624 kW and yields a refrigerant outlet 
temperature of 53.23°C.  Extending the length of the heat exchanger in the Wang et al. 
based model by 0.01 m from 0.415 m to 0.425 m results in a 7.715 kW heat duty and a 
refrigerant outlet temperature of 51.97°.  It appears that either correlation can be used for 
design purposes without significant impact on component size.   
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3.1.4 Overall Heat Exchanger Modeling 
3.1.4.1 Segmental Approach 
 The overall heat exchanger calculations are carried out by considering the heat 
exchanger as a series of segments.  The liquid-coupled condenser generally consists of 
three sections: the de-superheating section, the condensing section, and the sub-cooling 
section.   There is little variation of the refrigerant or liquid properties in the single phase 
de-superheating or sub-cooling sections. Thus, each of these is assumed to be one 
segment.  The condensing section, where the refrigerant is a two-phase mixture, is 
divided into an arbitrary number of segments by length.  The number of segments varies 
from as few as 6 for a heat exchanger model that is incorporated into a system model to 
as many as 60 for a model intended for detailed component design.  A schematic example 
of this segmental approach is presented in Figure 14.  The variation of calculated heat 
duty and calculated level of sub-cooling for the given system is shown in Figure 15.  For 
a condenser at a refrigerant inlet pressure of 1492 kPa and designed to reject 7.715 kW, a 
6 segment model calculates a heat duty of 7.715 kW, while a 60 segment model 
calculates 7.53 kW, a 2.5% difference.  The 6 segment model calculates a refrigerant 
pressure drop of 0.4581 kPa, while the 60 segment model calculates 0.5224 kPa, a 12.3% 
difference.  The 6 segment model calculates a refrigerant outlet temperature of 51.97°C, 
while the 60 segment model calculates 54.53°C, a 4.7% difference.   
 In each heat exchanger model, the total length is specified.  The length of the de-
superheating segment is calculated be defining its refrigerant outlet state as being a 
saturated vapor.  The segmental heat transfer calculations are then carried out in EES, 
matching the thermodynamically calculated segment heat duty with that calculated for 
the given geometry.  Each of the two-phase segments, from the first to the penultimate, is  
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assigned a segment length by dividing the remaining heat exchanger length by the desired 
number of segments.  The length of the final two-phase segment is determined by fixing 
its refrigerant outlet state as being a saturated liquid.  The calculation is carried out in the 
same manner as for the de-superheating segment.  Finally, any remaining segment length 
 
Figure 15: Liquid-Coupled Condenser Output Variation with respect to the Number 
of Model Segments 
 
Figure 14: Example of the Segmental Approach in a Liquid-
Coupled Condenser 
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belongs to the sub-cooling segment, allowing for the calculation of the refrigerant sub-
cooling.  The outlet of each segment is the inlet to the next.   
3.1.4.2 Segment Heat Duty Calculations: ε-NTU Method 
 The segment heat duty is calculated using the effectiveness-NTU method.  The 
segment UA is calculated using a thermal resistance network, which accounts for the 
effects of the various components of the heat transfer pathway.  Heat is convected from 
the high temperature refrigerant to the refrigerant tube wall.  This convection acts on both 
the direct and indirect internal refrigerant tube area.  The heat is then conducted across 
the refrigerant tube wall and the liquid tube wall serially.  Finally, the heat is convected 
from the liquid tube wall to the liquid across both the direct and indirect internal liquid 
tube area.  Each of these processes can be represented as a thermal resistance, which 
when considered serially, constitute the total thermal resistance between the refrigerant 
and the liquid.  This basic thermal resistance network is presented in Figure 16.  Contact 
resistance is not included in this network as it is assumed that it would be negligible in 
this application.  Longitudinal conduction along the tube length is also considered 
negligible.  Lastly, the actual configuration of the tubes has a liquid tube on each side of a 
single refrigerant tube, leading to different boundary conditions for the refrigerant tubes 
near the edge of the heat exchanger; however, the difference between the unit cell 
depicted in Figure 16 and the actual boundary condition is assumed to be small due to the 
large number of tubes per pass in the heat exchanger designs employed, on the order of 
40. 
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 The total convective heat transfer area, both for the refrigerant tubes and the 
liquid tubes, is determined by combining the direct heat transfer area with the indirect 
heat transfer area by considering the tube port side walls as fins using a fin efficiency 
expression.  The fin efficiency ηfin is calculated using Eq. 44, assuming the fin length is 
half the tube inner height th,i with an adiabatic fin tip.  Here hfluid is the heat transfer 
coefficient of either the liquid or refrigerant, Li is the length of the given segment, and 
kHX is the thermal conductivity of the heat exchanger material evaluated at the wall 
temperature.  For the refrigerant tube, hrefg. = 1198 W/m
2
-K, tweb,refg. = 0.206 mm, Li = 
0.08766 m, kHX = 237.1 W/m-K, th,i,refg. = 0.0007 m yielding mrefg. = 221.7 m
-1
, and ηfin,refg. 
= 0.998.  For the liquid tube, hliq. = 2407 W/m
2
-K, tweb,liq. = 0.206 mm, Li = 0.08766 m, 
kHX = 237.1 W/m-K, th,i,liq. = 0.0007 m yielding mliq. = 314.3 m
-1
, and ηfin,liq. = 0.996. 
 

























The total effective convective heat transfer area of an array of tubes Ai,tot,eff is calculated 
by combining the direct and indirect areas using Eq. 45.  This calculation is carried out 
for both the refrigerant and the coolant separately.  For the refrigerant tube, with Ad,i,tot,refg. 
= 0.2371 m
2
, Aid,i,tot,refg. = 0.2371 m
2
, Ai,tot,eff,refg. = 0.4737 m
2
.  For the liquid tube, with 
Ad,i,tot,liq. = 0.2474 m
2
, Aid,i,tot,liq. = 0.2474 m
2
, Ai,tot,eff,liq. = 0.4938 m
2
. 
 i,tot,eff d,i,tot fin id,i,totA A A= + η  (45) 
The convective thermal resistance, of both the refrigerant Rconv,refg and coolant Rconv,cool, is 
calculated using Eq. 46, where hfluid is the heat transfer coefficient for the particular fluid.  
Rconv,refg. = 0.00176 K/W; Rconv, liq. = 0.00084 K/W. 
 conv i,tot,eff fluid1R A h=  (46) 
The area associated with the conduction heat transfer across the tube walls Aconduction is 
calculated using Eq. 47.  This area is calculated for both the refrigerant and liquid tubes.  
Aconduction,refg. = 0.0066 m
2
; Aconduction,liq. = 0.0066 m
2
. 
 ( )( )conduction p p web p i1A w N t N L= + −  (47) 
The conduction resistance across the tube wall, for both the refrigerant Rconduction,refg and 
liquid Rconduction,liq., is calculated using Eq. 48, where tt is the tube thickness. With tt = 0.15 
mm for both refrigerant and liquid tubes, Rconduction,refg. = 9.508 × 10
-5





 conduction t conduction HXR t A k=  (48) 
The total thermal resistance between the refrigerant and the liquid Rtotal for a given 
segment is the sum of the contributing resistances: Rtotal = 0.00279 K/W. 
 total conv,refg conduction,refg conduction,cool conv,coolR R R R R= + + +  (49) 
The value of UA for a given segment is calculated using Eq. 50: UAseg = 358.4 W/K. 
 seg total1UA R=  (50) 
The thermal capacitances of the refrigerant and liquid for each portion of the 
condenser are calculated using Eqs. 51 and 52, respectively. 
 refrigerant p refrigerant,avg refrigerantC c m=   (51) 
 coolant p coolant,avg coolantC c m=   (52) 
By definition, the capacitance for the two-phase refrigerant is infinite (Janna 1998).  For 
the segment under consideration, a condensing section, the refrigerant capacitance is 
infinite, and cp,liq. = 3.955 kJ/kg-K and liq.m = 0.2857 kg/s, yielding Cliq. = 1.13 kW/K.  As 
an example, the refrigerant capacitance calculation in the de-superheating section is 
presented: cp,refg. = 1.608 kJ/kg-K and refg.m  = 0.04559 kg/s yielding Crefg. = 0.0733 kW/K 
while Cliq. = 1.13 kW/K.  For each portion of the condenser, the minimum capacitance is 
determined.  For the refrigerant and liquid mass flow rates in this study, in the de-
superheating and sub-cooling portions, the refrigerant capacitance is the minimum.  For 
the condensation portion, the liquid capacitance is the minimum.  The capacitance ratio is 
calculated for each portion using Eq. 53. For the de-superheating section referenced 
earlier, Cr = 0.0649. 
 r min maxC C C=  (53) 
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The number of transfer units, NTU, for each segment is calculated using Eq. 54.  For the 
condensing section presented above, NTU = 0.3172. 
 minNTU UA C=  (54) 
The effectiveness as a function of the heat capacitance ratio and the number of transfer 
units (NTU) for a counterflow heat exchanger is calculated for each segment.  Equation 
55 is used when the refrigerant is single-phase; Eq. 56 is used when the refrigerant is 
two-phase.  For the de-superheating segment briefly mentioned above, where Cr = 0.0649 
and NTU = 0.0427, εsingle-phase = 0.0418.  For the condensing segment under consideration, 
























 + − ⋅ + 
= ⋅ + + ⋅ + 
− − ⋅ + 
 
 (55) 
 ( )two-phase 1 exp NTUε = − −  (56) 
The maximum possible heat duty for a segment is calculated using Eq. 57.  With 
Trefg.,in = 54.99°C, Tliq.,in = 47.86°C, Cmin = 1.13 kW/K, Qmax = 8.061 kW. 
 ( )max min refg.,in liq.,inQ C T T= −  (57) 
The actual segment heat duty is determined using the calculated values of Qmax and ε.  
For the condensing segment Qseg = 2.189 kW, while the total heat exchanger duty QLCC = 
8.35 kW.  This segment duty is the largest with other condensing segments having duties 
of between 1.3 and 2.0 kW. 
 seg maxQ Qε=  (58) 
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3.1.4.3 Segment Property Change Calculations   
 Heat transfer and pressure drop calculations for each segment are carried out 
using the average segment properties.  The refrigerant and liquid pressure drops are 
calculated as described above, and the segment outlet pressure for the refrigerant and 
liquid are calculated by Eq. 59.  For the condensing segment, Prefg,in = 1492 kPa, ∆Prefg. = 
0.136 kPa yielding Prefg.,out = 1491.86 kPa; Pliq.,in = 547.7 kPa, ∆Pliq. = 2.01 kPa yielding 
Pliq.,out = 545.69. 
 out inP P P= − ∆  (59) 
The segment refrigerant outlet temperature is a function of the calculated outlet pressure 
and enthalpy as shown in Eq. 60. 
 ( )out out out,T T P h=  (60) 
The refrigerant outlet enthalpy is calculated based upon the known inlet conditions, the 
known mass flow rate, and the calculated segment heat duty. With hrefg.,in = f(xin = 0.5816, 
Pin = 1492 kPa) = 216 kJ/kg, Qseg = 2.189 kW, refg.m = 0.04559 kg/s, hrefg.,out = 168.0 
kJ/kg.  The refrigerant outlet temperature is then calculated as Trefg.,out = 54.99°C. 
 out in seg refgh h Q m= −   (61) 
The liquid outlet temperature is calculated by Eq. 62 with the assumption that all heat 
rejected from the refrigerant in the segment is transferred to the liquid.  With Tliq.,in = 
47.86°C, Tliq.,out = 49.79°C. 
 ( )out,liquid in,liquid seg liquid p,liquidT T Q m c= +   (62) 
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3.1.5 Other Heat Exchanger Calculations  
 There are many other important heat exchanger characteristics that are required 
for a complete description of the liquid-coupled condenser.  These include physical 
dimensions, heat exchanger mass, and total heat transferred, each of which may be a 
design constraint or goal.  The total length of the liquid-coupled condenser LLCC is the 
sum of the lengths of the individual segments.  Additionally, the condensing portion may 
have been considered as consisting of many segments, in which case its length would be 
the sum of the segment lengths.  This relationship is shown in Eq. 63.  The total length of 
the example liquid-coupled condenser is 0.415 m.   
   
1
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Likewise, the total heat transferred from the refrigerant to the liquid in the condenser 
QLCC,total is the sum of the local heat duty of each segment. The total heat duty for the 
example liquid-coupled condenser is 8.35 kW.   
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The height of the heat exchanger hHX is calculated using Eq. 65, accounting for each 
refrigerant and liquid tube.  With th,o,refg. = th,o,liq. = 1 mm, and Nt,refg = 23 and Nt,liq. = 24, 
hHX = 0.047 m. 
   HX t,refg h,o,refg t,cool h,o,coolh N t N t= +  (65) 
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The mass of the liquid-coupled condenser mLCC is determined by considering the density 
of the heat exchanger construction material ρHX and the volume occupied by the heat 
exchanger material VLCC.  The heat exchanger is assumed to be constructed of aluminum 
with material properties determined using the EES material properties functions.  With 




, and with ρHX = 
2702 kg/m
3




LCC refg,h,o refg,w,o refg,h,i p,refg p,refg LCC t,refg
cool,h,o cool,w,o cool,h,i p,cool p,cool LCC t,cool
V t t t w N L N




 LCC LCC HXm V= ρ  (67) 
The internal volume of each segment of the refrigerant tubes is required to calculate the 
total refrigerant charge for the condenser, as shown by Eq. 68.  For the condensing 




.   
 refg,seg h,i p seg p tVol t w L N N=  (68) 
The volume occupied by refrigerant vapor in each segment is calculated using Eq. 69, 
while the volume of refrigerant liquid in each segment is calculated using Eq. 70.  The 
void fraction employed in this calculation is calculated using Eq. 37 given above.  For the 










 refg.,vapor refg.,segVol Volα=  (69) 
 ( )refg,liq. refg.,seg1Vol Volα= −  (70) 
The total mass of the refrigerant contained in each segment is calculated using Eq. 71.   
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 refg.,seg v refg.,vapor l refg.,liq.m Vol Volρ ρ= +  (71) 
The total mass of refrigerant contained in the segment is mrefg,seg = 0.022 kg.  The same 
method is used to calculate the refrigerant charge in the single-phase segments, with the 
knowledge that void fraction is 1 for saturated vapor and 0 for saturated liquid.  The total 
refrigerant charge for the liquid-coupled condenser is calculated by summing the 
refrigerant charge in each segment, as shown in Eq. 72.  The total refrigerant charge for 
the example LCC is mrefg.,LCC = 0.1034 kg.   
 
refg,LCC refg,de-superheating refg,condensing,i refg,sub-cooling
1
refg,LCC 0.0050 0.0739 0.0245
n
i
m m m m






3.2 . Liquid-Coupled Evaporator 
 The liquid-coupled evaporator model calculates the heat transferred from the 
evaporator-side liquid loop to the refrigerant.  The liquid in the evaporator-side loop 
would gain heat from a source such as conditioned space via a liquid-air heat exchanger, 
or a liquid-coupled electronics cooling module.  A liquid-coupled evaporator would be 
found in a system where it is desired that the refrigerant containing portion of the cooling 
system be centrally located or isolated from the other parts of the vehicle.  Like the 
liquid-coupled condenser, the liquid-coupled evaporator is assumed to be a micro-
channel/micro-channel heat exchanger, where the refrigerant and coolant proceed in 
counter-flow through an array of micro-channel tubes.  This is the same basic 
configuration that is shown in Figure 12.  The liquid-coupled evaporator is also modeled 
using a segmental approach, with the outlet fluid property values of one segment serving 
as the input values for the subsequent segment.  Detailed geometrical information of the 
heat exchanger is again required to calculate the appropriate heat transfer coefficients, 
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pressure drops, and surface areas. This includes the number of refrigerant and liquid 
tubes, the tube port width, the tube wall thicknesses, the tube width, and the heat 
exchanger length. The values of these parameters for an example liquid-coupled 
evaporator are given in Table 2.    
 Due to the similarity between the liquid-coupled evaporator and the liquid-
coupled condenser, the modeling approach and the calculations are very similar.  The 
basic geometry and area calculations are the same for both.  Likewise, the liquid-side heat 
transfer and pressure drop modeling is identical between the two models.  The refrigerant 
pressure drop calculations employed are the same for the evaporating two-phase mixture 
as for the condensing two-phase mixture; however, the calculations for the flow-boiling 
heat transfer coefficients are decidedly different.  The overall heat exchanger modeling is 
essentially the same, consisting of a segmental approach using the effectiveness-NTU 
method for calculating the segment heat duty. 
3.2.1 Refrigerant-Side Flow-Boiling Modeling 
 Both Kandlikar’s (1990) correlation and Kandlikar and Balasubramanian’s 
(2004) correlation are presented here because evaporators designed using each correlation 
are compared.  Kandlikar’s (1990) conventional tube size correlation is used to calculate 
the heat transfer coefficient for saturated flow boiling in the evaporation segments of the 
Table 2: Liquid-Coupled Evaporator Model Inputs 
tw,o, refg 50.8 mm wp, refg 0.7 mm Nt, refg 20 
th,o, refg 1 mm Np, refg 56 tt, refg 0.15 mm 
tw,o, liq. 50.8 mm wp, liq. 0.7 mm Nt, liq. 21 
th,o, liq. 1 mm tt, liq. 0.15 mm Np, liq. 56 
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liquid-coupled evaporator.  The correlation is applicable across both convective boiling 
dominant and nucleate boiling dominant regimes.  A modified version of the correlation 
(Kandlikar 1991) takes the heat transfer coefficient to be the maximum of the heat 
transfer coefficient from the convective boiling dominant regime or nucleate boiling 
dominant regime.  The values presented here are from a phase-change segment in the 
example liquid-coupled evaporator model.  The inlet refrigerant temperature, pressure, 
and quality are 5.896°C, 360.9 kPa, and 0.532, respectively.  The liquid inlet temperature 













Several preliminary calculations are necessary to calculate the heat transfer coefficients.  
The Boiling number Bo is calculated using Eq. 74, 
 lvBo q Gh′′=  (74) 
where q′′ is the heat flux determined from Eq. 75, where Q is the heat duty for the given 
segment, and Aht is the sum of the direct and indirect heat transfer area, in the same 
manner as described for liquid-coupled condenser. 
 htq Q A′′ =  (75) 
The latent heat of vaporization per unit mass hlv is calculated using Eq. 76.  The enthalpy 
of the saturated liquid and the enthalpy of the saturated vapor are calculated at the 
average temperature and the appropriate qualities.  With hl = 59.83 kJ/kg and hv = 253.9 
kJ/kg, hlv = 194.07 kJ/kg. 
 ( ) ( )lv v avg l avg, 1 , 0h h T x h T x= = − =  (76) 
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With Qseg = 1.121 kW, Aht,refg = 0.1906 m
2
, q’’ = 5.88 kW/m
2
; with Grefg = 83.07 kg/m
2
-s 
Bo = 0.000364.  The liquid only Froude number Frle is calculated using Eq. 77, 
 
2 2
le refg l h,refgFr G gDρ=  (77) 
where g is the acceleration due to gravity.  With Dh,refg = 0.7 mm, and ρl = 1275 kg/m
3
, 
Frle = 0.618.  The function f2(Frle) is evaluated using Eq. 78 (Kandlikar 1991); due to the 
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The fluid-dependent parameter FK is tabulated by Kandlikar (1991).  For R134a, FK = 
1.63 as reported by Carey (2008).  The Reynolds number for all of the flow as liquid Rele 
is calculated using Eq. 79.  With µl = 2.46 × 10
-4
 kg/m-s, Rele = 236 
 le refg h,refg lRe G D µ=  (79) 
 In the Kandlikar correlation, the single-phase heat transfer coefficient for the 
liquid phase flowing alone hle is required.  Kandlikar (1991) recommends either the 
Gnielinski (1976) correlation shown in Eq. 80 or the Petukhov-Popov correlation (1963) 
shown as Eq. 81, depending on the local Reynolds number.  
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= −    (82) 
With f = 0.0349, Prl = 3.634, and kl = 0.092 W/m-K, hle = 598.6 W/m
2
-K.  The two-phase 
heat transfer coefficient for the nucleate-boiling-dominant regime is calculated using Eq. 
83 (Kandlikar 1991).  With xavg = 0.596 and ρv = 17.67 kg/m
3
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The two-phase heat transfer coefficient for the convective-boiling-dominant regime is 
calculated using Eq. 84 (Kandlikar 1991): hCBD = 4222.34. 
 
( ) ( ) ( )
( )
0.080.45 0.72
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 The Kandlikar and Balasubramanian (2004) flow-boiling heat transfer coefficient 
for flow in mini- and micro-channel passages is also used to model the flow-boiling in 
the liquid-coupled evaporator.  To account for the differences in flow regimes and heat 
transfer mechanisms encountered in mini- and micro-channels, Kandlikar and 
Balasubramanian (2004) recommended certain modifications to Kandlikar’s (1990) 
original correlation.  These modifications include modifying the liquid-only heat transfer 
coefficient that is used in the conventional correlations.  For turbulent liquid-only 
Reynolds numbers, Rele > 3000, the fluid specific correlating factor, shown in Eq. 78, is 
to be taken as unity as the Froude number effect is expected to be negligible, as shown in 
Eq. 85.   
 ( )2 le 1f Fr =  (85) 
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For the laminar liquid-only Reynolds number, Rele <1600, it is suggested that the liquid-
only heat transfer coefficient be calculated using constant values for liquid-only Nusselt 
number, where the constants vary according to channel cross section for laminar fully 
developed flow (C = 4.36 for round tubes with constant heat flux, C = 3.61 for square 
passage with constant heat flux, and C varies for rectangular aspect ratios).   
 le l h ,h Nu k D Nu C= =  (86) 
In the transitional range of the liquid-only Reynolds number, 3000 > Rele > 1600, they 
suggest an interpolation between the liquid-only heat transfer coefficient values for the 
laminar and turbulent regimes of liquid-only Reynolds number.  When the liquid-only 
Reynolds number is less than 100, Kandlikar and Balasubramanian argue that since the 
flow boiling mechanism is dominated by nucleate boiling, the two-phase heat transfer 
coefficient should be set equal to the heat transfer coefficient for the nucleate boiling 
dominated regime, which is given by Eq. 83. 
 NBDh h=  (87) 
Since Rele = 236, hle is calculated using Eq. 86 with C = 3.61: hle = 474.7 W/m
2
-K.  This 
value is used in Eqs. 83 and 84 to calculate hNBD and hCBD, respectively: hNBD = 1808 
W/m
2
-K, hCBD = 3350 W/m
2
-K. 
 Two models were developed to determine the effect of the choice of saturated 
flow-boiling heat transfer coefficient correlation.  One used the Kandlikar (1990) 
correlation, and one used the Kandlikar and Balasubramanian (2004) correlation.  The 
same refrigerant inlet conditions (xrefg,in = 0.3023 and Prefg,in = 362.2 kPa) and geometric 
parameters (Nt,refg = 20, Nt,liq = 21, tw,o,refg = tw,o,liq. = 50.8 mm, th,o,refg = th,o,liq = 1 mm, 
Np,refg = Np,liq = 56, wp,refg = wp,liq = 0.7 mm) were used for each model; only the length of 
the heat exchanger LHX was allowed to vary.  The model using the Kandlikar (1990) 
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correlation with LHX = 0.366 m transfers 6.376 kW, with a refrigerant outlet temperature 
of 10.8°C, accounting for the superheating, while the model using the Kandlikar and 
Balasubramanian (2004) correlation requires LHX = 0.4 m to transfer 6.375 kW with a 
resultant refrigerant outlet temperature of 10.75°C.  This is an increase in length of 9.3%, 
which leads to an increase in mass of 9.4% from 0.947 kg to 1.04 kg and an increase in 
refrigerant pressure drop of 8.54% from 5.22 kPa to 5.66 kPa.  Based on these results, the 
Kandlikar and Balasubramanian (2004) correlation is used to model the saturated flow-
boiling in the subsequent component and system models.    
3.2.2 Overall Heat Exchanger Modeling 
 The overall heat exchanger calculations for the liquid-coupled evaporator are 
essentially the same as for the liquid-coupled condenser.  The liquid-coupled evaporator 
is considered as consisting of two main portions: the evaporating portion and the 
superheating portion.  Multiple segments are used to accurately represent the change in 
refrigerant properties in the evaporating portion of the heat exchanger, while one segment 
is employed in the superheating portion.  The lengths of all but the last evaporation 
portion segments are predetermined as a fraction of the total heat exchanger length; 
however, the length of the final evaporating segment is calculated by setting the last 
refrigerant outlet properties to be saturated vapor.  Whatever length remains in the heat 
exchanger is assigned to the superheating segment.  The effectiveness-NTU calculations 
are the same as in the liquid-coupled condenser except that it is recognized that the liquid 
is at a higher temperature than the refrigerant: UAseg = 257.4 W/K, εseg = 0.2019, Qmax,seg 
= 5.512 kW, Qseg = 1.113 kW.  The changes in refrigerant and liquid enthalpy, 
temperature and pressure are calculated in the exact same manner as in the liquid-coupled 
condenser with the assumption that all heat rejected from the liquid is transferred to the 
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refrigerant: ∆Prefg,seg = 1.30 kPa, Prefg,out = 359.5 kPa, hrefg,out = 186.6 kJ/kg, Trefg,out = 
5.78°C, ∆Pliq.,seg = 9.19 kPa, Pliq.,out = 406.2 kPa, Tliq.,out = 9.74°C.  Likewise, the liquid-
coupled evaporator heat exchanger mass (mLCE = 1.036 kg), total length (LHX = 0.4 m), 
total heat duty (QLCE = 6.375 kW), and refrigerant charge (mrefg,LCE = 1.352  ×  10
-3
 kg) 
are calculated in exactly the same manner as described for the liquid-coupled condenser. 
3.3 . Air-Coupled Condenser 
The air-coupled condenser model calculates the heat rejected from the refrigerant 
to the ambient air, the changes in temperature of the air and refrigerant, and the air and 
refrigerant pressure drops across the condenser.  The air-coupled condenser is assumed to 
consist of micro-channel flat tubes oriented parallel to one another, separated by multi-
louvered fin structures that serve to enhance the air-side heat transfer.  The refrigerant 
and air are oriented in cross-flow.  A schematic of a representative heat exchanger is 
shown in Figure 17.  As before, the heat exchanger is modeled in a segmented fashion to 
capture the effects of the condensing refrigerant.  The following model description is 
illustrated by the use of the geometry and conditions for a representative air-coupled 
condenser.  The geometric parameters required for this model are given in Table 3, 
including tube outer width tw,o, tube port width wp, tube thickness tt, tube length Lt, fin 
thickness ft, fin pitch fp, fin depth cw, and louver angle θ.  The condenser refrigerant inlet 
temperature and pressure are 66°C and 1301 kPa, and the air inlet temperature is 37.78°C 
with 40% relative humidity.  The refrigerant mass flow rate is 0.0411 kg/s and the air 
volumetric flow rate is 0.850 m
3
/s (1800 cfm).  The segment used to describe the 
following calculations is a condensing segment with an inlet refrigerant quality of 0.76 
and pressure of 1299 kPa.   
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The refrigerant flow passages in the air-coupled condenser are similar to those of 
the liquid-coupled condenser. Thus, the methodology for predicting the local refrigerant-
side heat transfer coefficient and pressure drop is the same as in the liquid-coupled 
condenser, detailed in the previous section.  
3.3.1 Basic Geometry and Area Calculations 
The air-coupled condenser under investigation consists of three main sections: the 
de-superheating portion, the condensing portion, and the sub-cooling portion.  Both the 
de-superheating and the sub-cooling portions are treated as one segment.  The condensing 
 
Figure 17: An Example Micro-Channel, Multi-Louverd Fin Heat Exchanger 
(Garimella and Wicht 1995) 
 
  Table 3: Air-Coupled Condenser Geometric Parameters 
tw,o 25.4 mm Lt 0.442 m lw 1.14 mm 
th,o 1 mm ch 12.7 mm ll 11.43 mm 
tt 0.15 mm cw 25.4 mm li 22.86 mm 
Np 28 ft 0.127 mm θ 30° 
wp 0.7 mm fp 1.27 mm   
Nt,pass 20 Npass 2   
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portion is subdivided into multiple segments to capture the effects of changing refrigerant 
quality.   
Garimella and Wicht (1995) investigated various refrigerant routing options for 
air-coupled condensers and found that the mass of the heat exchanger was minimized 
when the refrigerant was conducted through multiple parallel passes consisting of varying 
numbers of tubes.  This same refrigerant routing is employed in this investigation.  A 
schematic of this orientation is shown in Figure 18.  The number of tubes per pass and the 
number passes specified for each section of the condenser are design parameters that vary 
in heat exchanger optimization.  Though the single-phase sections are treated using one 
segment, they may contain any number of tubes.  Likewise, the two-phase section may 
consist of any number of passes of any number of tubes; however, each pass is always 
subdivided into smaller segments.  The calculations presented here are for a single 
segment from a single pass.  The results of one pass are the inputs of the subsequent pass.  
The basic geometry of a single tube is identical to that shown in Figure 13.  Figure 19 
shows the basic geometry of the multi-louvered fins that extend between each adjacent 
tube as seen in Figure 17.   
 
Figure 18: Condenser Refrigerant-
side Pass Arrangement 
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 The number of centers Nc is calculated using Eq. 88, where Nt is the number of 
tubes for a given pass. With 20 tubes per pass, there are 19 centers per pass.  A total of 
two passes are used in this design, for a total of 40 tubes.   
 c t 1N N= −  (88) 
The height of the heat exchanger segment is calculated using Eq. 89, where ch is the 
height of the center, which is the height of the multi-louvered fin structure.  With th,o = 1 
mm and ch = 12.7 mm, hHX,pass = 0.2613 m. 
 HX,pass t h,o c hh N t N c= +  (89) 
The total air-side cross-sectional area of a segment Ac,total is calculated by Eq. 90, where 
Lseg is the length of the given segment.  With Lseg = 0.1819 m, Ac,total = 0.0475 m
2
. 
 c,total HX,pass seg=A h L  (90) 
The face area of the segment blocked by the multi-louvered fins Ablocked,fin is calculated by 
Eq. 91, where ft is the fin thickness and fp is the fin pitch.  With ft = 0.127 mm and fp = 




Figure 19: Fin Geometry Details  
(Garimella and Wicht 1995) 
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 ( )blocked,fin c t h seg p=A N f c L f  (91) 




 blocked,tube t h,o seg=A N t L  (92) 
The free flow area for the condenser segment Ac,free is calculated using Eq. 93: Ac,free = 
0.0395 m
2
.   
 c,free c,total blocked,fin blocked,tube=A A A A− −  (93) 
The perimeter of the air flow passage aper for is calculated using Eq. 94.  This length 
includes both vertical edges of each fin, the both edges of each tube minus the space 
occupied by fins, and both outside edges of each center structure.  aper = 75.81 m. 
 ( ) ( )( )( )per c seg p h seg seg p t c h2 2a N L f c L L f f N c= + − +  (94) 
The hydraulic diameter for the air flow Dh,air is calculated using Eq. 95: Dh,air = 2.084 
mm.   
 h,air c,free per=4D A a  (95) 
The direct air-side heat transfer area Aa,d is the outside area of each tube minus the area 
blocked by fins plus the open area of each outer tube.  It is calculated using Eq. 96, where 




 ( ) ( )( )a,d t w,o seg seg p t w seg w,o=2 1 2A N t L L f f c L t− − +  (96) 
The indirect air-side heat transfer area Aa,id is calculated by Eq. 97.  It is the sum of the 




 ( )a,id h w seg p2A c c L f=  (97) 
3.3.2 Air-Side Modeling 
In the present geometry, the air flows in a cross-flow manner across the width of 
the tube stack, which is shown in Figure 17.  It is assumed that the incident air flow is 
uniform. Thus, the fraction of the total air flow through a given section of the condenser 
segV
 is equivalent to the ratio of the cross-sectional area of the section to the total cross-
sectional area of the condenser, as calculated using Eq. 98, where totalV
 is the total 
volumetric flow rate of air that flows through the condenser and Lt is the total length of 
the condenser. With hHX,total = 0.5353 m, Lt = 0.442 m, hHX,pass = 0.2613 m, Lseg = 0.1819 
m, and 2 passes, totalV
  = 0.8495 m
3
/s and segV























All air properties are evaluated at the given inlet temperature, pressure, and humidity 
ratio.  The air properties, viscosity µa,in, density ρa,in, and constant pressure specific heat 
cP,a,in, are evaluated in EES, using the psychrometric property relations from Hyland and 
Wexler (1983).  At Tair,in = 37.78°C, Pair,in =101.3 kPa, and 40% relative humidity, µa,in = 
1.904 × 10
-5
 kg/m-s, ρa,in = 1.106 kg/m
3
, cP,a,in = 1.038 kJ/kg-K. 
The core air velocity Vair,core is calculated from the segmental volumetric flow rate 













The average inlet air mass flow rate air,inm for a portion of the condenser is calculated 
using Eq. 100: air,inm = 0.1887 kg/s. 
 air,in air,seg a,in=m V ρ
  (100) 
The Reynolds number based on the louver width Reair,core is calculated using Eq. 101, 
where lw is the louver width: Reair,core  286.   
 air,core a,in air,core w a,in=Re V lρ µ  (101) 
Chang, Wang, and associates (Chang and Wang 1997; Chang et al. 2000) have 
correlated much of the available air-side, pressure drop and heat transfer coefficient data 
for multi-louvered fin geometries accounting for the louver geometry effects.  Chang and 
Wang’s (1997) j-factor correlation to model the heat transfer coefficient is given as Eq. 
102.  With fp = 1.27 mm, lw = 1.14 mm, ch = 12.7 mm, tw,o = 25.4 mm, th,o = 1 mm, and ft 
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The air-side heat transfer coefficient hair is calculated using Eq. 103. With cp,air = 1.038 
kJ/kg-K, Prair = 0.7446, and ρair = 1.106 kg/m
3
, Gair,core = 4.78 kg/m
2


















The Chang et al. (2000) correlation procedure employed in this study is given as Eq. 104.  
The basic correlation Chang et al. present is for the Fanning form of the friction factor; 
therefore, it is adjusted to Darcy form.  With the multi-louvered fin geometric parameters 
presented in Table 1.3, fair,Darcy = 0.1045.   
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The air-side pressure drop, ∆Pair, for each condenser segment is calculated using Eq. 105.  
The air-side pressure drop for the segment under consideration is 13.14 Pa.   
 ( ) ( )2air air w a,in air,in h,air2P f c V Dρ∆ =  (105) 
3.3.3 Overall Heat Exchanger Modeling 
 A segmental approach is used to model the three portions of the air-coupled 
condenser: the de-superheating, condensing, and sub-cooling sections.  As in the other 
heat exchanger models, each single-phase section is treated as one segment, while 
 80
multiple segments are used for the phase-change portion.  One heat exchanger segment 
consists of the specified length of tube and the multi-louvered fin structure directly 
adjacent to the tube segment.  Similar to the liquid-coupled models, the refrigerant outlet 
of one segment is used as the input to the next segment.  However, because the air-
coupled condenser is a cross-flow heat exchanger, the air that flows across a given 
segment does not proceed to another segment; it exits the heat exchanger.  The inlet air 
conditions are identical for all segments.  As in the liquid-coupled condenser, the length 
of the de-superheating segment is calculated by setting the outlet conditions as being 
saturated vapor, and the final phase-change segment length is calculated by setting the 
outlet conditions as being saturated liquid.   
3.3.3.1 Segment Heat Duty Calculations: ε-NTU Method 
 The effectiveness-NTU method is used to calculate the segment heat duties in the 
air-coupled condenser.  A thermal resistance network is employed to calculate the value 
of UA for each segment.  The specific heat of the air-water mixture cp,air is calculated 
using the ‘Air-H2O’ function.  The effectiveness in unmixed-unmixed cross-flow heat 
exchange is given as Eq. 106 and is used in the case when the refrigerant is single-phase 
(Incropera et al. 2007).  The effectiveness in the de-superheating segment with NTU = 
0.7772 and Cr = 0.7615 is calculated as ε = 0.4389. 
 ( ) ( ){ }single-phase 0.22 0.78R R1 exp 1 exp 1C NTU C NTUε  = − − −   (106) 
The remaining calculations are the same as for the liquid-coupled condenser (Eqs. 50-58) 
except that the air stream replaces the liquid flow. For the condensing segment under 
consideration: UA = 238.5 W/K and Cmin = 198.5 W/K yielding NTU = 1.218; ε = 0.704 
and Qmax = 2.276 kW yielding Qseg = 1.603 kW.   
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3.3.3.2 Segment Property Change Calculations 
 Heat transfer and pressure drop calculations for each segment are carried out 
assuming the average segment properties.  The refrigerant and air pressure drops are 
calculated as described above, and the outlet pressure for the refrigerant and air in each 
segment are calculated by Eq. 107. With Prefg,in = 1299 kPa and ∆Prefg = 3.61 kPa, Prefg,out 
= 1296.39 kPa; with Pair,in = 101.313 kPa and ∆Pair = 0.013 kPa, Pair,out = 101.3 kPa. 
 out inP P P= − ∆  (107) 
 The refrigerant outlet enthalpy is calculated based upon the known inlet 
conditions, the known mass flow rate, and the calculated segment heat duty, as was 
shown in Eq. 61: hrefg,in = 237.3 kJ/kg, refgm = 0.0411 kg/s, Qseg = 1.603 kW yielding 
hrefg,out = 198.3 kW.  The segment refrigerant outlet temperature is calculated as a 
function of the outlet pressure and enthalpy: Trefg,out =f (Prefg,out, hrefg,out) = 49.29°C.  It is 
assumed that there is no de-humidification of the air across the condenser as energy is 
being transferred to the ambient air stream, not removed from it; therefore the humidity 
ratio of the air at the outlet is the same as at the inlet.  Any change in enthalpy is therefore 
reflected in a change in air temperature.  The air outlet enthalpy is calculated by Eq. 108.  
With hair,in = 80.49 kJ/kg, airm = 0.1887 kg/s, and Qseg = 1.603 kW, hair,out = 88.99 kJ/kg.   
 air,out air,in seg airh h Q m= +   (108) 
The air outlet temperature is calculated using the ‘Air-H2O’ function in EES from the 
known enthalpy, pressure, and humidity ratio.  The ‘Air-H2O’ function is based on the 
psychrometric property relations from Hyland and Wexler (1983).  With ω = 0.01652, 
Tair,out = 45.96°C. 
 ( )air,out out out out, ,T T h P ω=  (109) 
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3.3.4 Other Heat Exchanger Calculations 
 The total heat duty of the air-coupled condenser is calculated using Eq. 64: QACC 
= 7.360 kW.  The total height of the heat exchanger is calculated using Eq. 110: with 2 
passes of heights hpass 1 = 0.2613 m and hpass2 = 0.274 m, hHX = 0.5353 m. 
   













 The mass of the air-coupled condenser mACC is determined by considering the 
density of the heat exchanger construction material, which in this investigation is 
aluminum, ρHX = 2702 kg/m
3





: mACC = 2.061 kg.  The total volume of the heat exchanger consists of the total 
volume of the tubes minus the space occupied by the refrigerant plus the total volume 
occupied by the fin structure.   
   ( ) ( )ACC refg,h,o refg,w,o refg,h,i p,refg p,refg t t,refg c t h w t pV t t t w N L N N f c c L f= − +  (111) 
 ACC ACC HXm V= ρ  (112) 
The mass of refrigerant contained in the air-coupled condenser is calculated using the 
same procedure described in Eqs. 68-72. The total refrigerant charge for the air-coupled 
condenser is mrefg,ACC = 0.0643 kg, whereas in the liquid-coupled condenser, it was  0.022 
kg. 
 
3.4 . Air-Coupled Evaporator 
The air-coupled evaporator model calculates the heat rejected from a conditioned 
space air stream to the refrigerant and the outlet conditions for the air and refrigerant.  
The air-coupled evaporator is similar in construction to the air-coupled condenser. It 
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consists of micro-channel flat tubes oriented parallel to one another, separated by multi-
louvered fin structures that serve to enhance the air-side heat transfer.  Like the air-
coupled condenser, the refrigerant and air are oriented in cross-flow.  The basic layout of 
the air-coupled evaporator is shown in Figure 17.  The air-coupled evaporator model, like 
the other heat exchanger models, is segmental.  The heat exchanger consists of two main 
sections: the evaporating section and the superheating section.  As before, the evaporating 
section is divided into multiple segments and the single-phase superheating section is 
modeled as one segment.  The various aspects of the air-coupled evaporator model have 
already been described in the sections for the other heat exchangers.  The basic geometry 
and area calculations are identical to those in the air-coupled condenser model.  The 
refrigerant pressure drop and heat transfer coefficient calculations are identical to those in 
the liquid-coupled evaporator model.  The air-side pressure drop and heat transfer 
coefficient calculations are identical to those given in the air-coupled condenser 
description.  As in the other models, a thermal resistance network is used to calculate a 
value of UA for each segment, which is then used in the ε-NTU method to calculate the 
heat duty for the given segment.  The change in property calculations are the same as 
described for the air-coupled condenser with one exception.   
There is the possibility that in cooling the conditioned space air stream, there 
would be condensation of water vapor out of the humid air.  Since the desired air delivery 
temperature for every system investigated in this study is below the dew point of the air 
stream (21.85°C given an air inlet temperature of 37.78°C and 40% relative humidity) 
condensation occurs.  Thus, the outlet air-water mixture will be saturated; it will have a 
relative humidity of unity.  The outlet temperature of the conditioned space air stream is 
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then calculated using the ‘AirH2O’ function based on the known outlet temperature, 
pressure, and relative humidity.  To implement the ε-NTU method while accounting for 
the heat transfer required to condense water vapor out of the humid air stream in addition 
to the sensible cooling, an effective specific heat for the air stream is calculated using Eq. 
113, assuming that the maximum heat transfer possible would occur if the air outlet 
temperature were equal to the refrigerant inlet temperature, resulting in the lowest 
possible air enthalpy.  The values provided for the example calculations are for a phase-
change segment from a representative air-coupled evaporator model.   
( ) ( )
( ) ( )
( ) ( )
air,in air,in air,in in
air,out,min refg,in air,in out
p,air,effective air,in air,out,min air,in refg,in
, , 37.78 C, 101.3 kPa, 40% 80.49kJ/kg
, , 8.006 C, 101.3 kPa, 100% 24.81kJ/kg
1.87 kJ/k
h f T P rh f
h f T P rh f
C h h T T
= = =
= = =





3.5 . Liquid-Air Heat Exchanger 
Liquid-air heat exchangers are used either for cooling air using evaporator-side 
liquid coupling or to reject heat from condenser-side coupling liquid to the ambient air 
stream.  The secondary fluid-air heat exchanger is also modeled as a micro-channel tube, 
multi-louvered fin cross-flow heat exchanger.  In a distributed cooling system, liquid 
flows from the evaporator to the liquid-air heat exchanger, through the pump, and finally 
back to the evaporator to reject the heat transferred to the liquid from the air.  Conversely, 
liquid could flow from the condenser, through a pump, through a high-temperature air-
coupled heat exchanger to reject heat to the ambient environment, then back to the 
condenser.  The required inputs for this component model are liquid mass flow rate, inlet 
temperature and pressure, fluid concentration (by mass % for ethylene-glycol), air-stream 
volumetric flow rate, humidity ratio (assuming humidified air), inlet temperature and 
pressure.  As in the other heat exchanger models, detailed geometric information is 
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required.  The basic orientation is the same as that given for the other air-coupled heat 
exchangers, shown in Figure 17.  The liquid routing through the heat exchanger is either 
multiple parallel tubes in a single pass, multiple parallel tubes with many passes, or 
serpentine tube routing.  The model in this study considers multiple parallel tubes in a 
single pass.  The liquid-side modeling is the same as described for the other liquid-
coupled heat exchangers.  Likewise, the air-side modeling is the same as described for the 
other air-coupled heat exchangers.  Because the liquid is single phase throughout the 
entire heat exchanger, there is little change in the liquid properties.  Therefore, only a 
single segment is employed in this model.  The heat duty for the segment is calculated 
using the effectiveness-NTU method previously described, making use of a thermal 
resistance network.  All of the calculations described for the other heat exchangers, 
including mass, total surface area, total heat duty, and fluid outlet temperatures and 
pressures, are calculated in this model.   
3.6 . Compressor 
 The compressor’s role in the vapor-compression system is to increase the pressure 
of the refrigerant, thereby increasing its saturation temperature, which allows the 
refrigerant to reject heat to the ambient cooling stream through condensation.  The 
function of the compressor model in this study is to calculate realistic values for the 
power consumed by the compressor and the refrigerant outlet state properties, especially 
temperature.  Two models are considered in this study.  The first is a purely 
thermodynamic model, which assumes a value for the isentropic efficiency of the 
compressor.  This is the model that is used in the system models.  It is used for simplicity 
as the primary focus of the present study is to determine the effect the different system 
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configurations.  The second is a thermo-physical model from Duprez et al. (2007), which 
utilizes information available in a manufacturer’s technical data sheet to calculate 
consumed power, mass flow rate, and outlet refrigerant conditions.  Discussion of this 
model is included here because it could possibly be incorporated into a system model if 
desired.  The model seeks to represent the internal processes of the refrigerant 
compression.  Use of this model would allow one to account for the effect of a particular 
compressor design if detailed operational data were not available.  Additionally, this 
model would allow one to consider the effects of changing such parameters as shaft 
speed.  
3.6.1 Basic Isentropic Efficiency Model 
 In the isentropic efficiency model, an isentropic efficiency for the compressor is 
assumed.  This is a value that is determined empirically for a given compressor operating 
at certain conditions.  Isentropic efficiency data are often available in tabular or graphic 
form as a function of compressor pressure ratio, fluid volumetric flow rate, and 
compressor speed.  No experimental analysis of compressors was carried out in this 
study; therefore, either assumed representative values or values calculated from the 
Duprez et al. (2007) model are used.  The calculations for the basic model are given 
below with example values from a compressor that serves a representative system with 
evaporator temperature of 8°C (with a saturation pressure of 387.9 kPa), a superheating 
value of 5°C, and a condenser refrigerant saturation temperature of 50°C (with a 
saturation pressure of 1319 kPa). 
 The enthalpy and entropy of the refrigerant at the compressor inlet are calculated 
as a function of the inlet temperature and pressure.  It is known that for an isentropic 
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compressor, Eq. 114 holds.  With sin = s(Tin, Pin) = s(13°C, 387.9 kPa) = 0.9437 kJ/kg-K, 
sout,isentropic = 0.9437 kJ/kg-K;  hin =h(Tin, Pin) = h(13°C, 387.9 kPa) = 259.7 kJ/kg. 
 out,isentropic ins s=  (114) 
The desired system high-side pressure, Phigh, is already known; this is assumed to be the 
compressor outlet temperature, Pout.  The refrigerant outlet enthalpy in the isentropic case 
is calculated then from the outlet pressure and isentropic entropy:  hout,isentropic = 285.8 
kJ/kg. 
 ( )out,isentropic out out,isentropic,h h P s=  (115) 
The actual refrigerant outlet enthalpy is calculated by Eq. 116 assuming a value for the 
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The actual outlet temperature and entropy are then calculated as a function of the 
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The power consumed by the compressor is calculated by Eq. 118, with the value of the 
refrigerant mass flow rate m  dictated by the system requirements. With m  = 0.0411 
kg/s, Wcomp = 1.534 kW. 
 ( )comp out,actual inW m h h= −  (118) 
3.6.2 Thermo-physical Compressor Model 
 Dupez et al. (2007) sought to develop a reciprocating compressor model that was 
simple yet representative of the internal compression processes to be used in global heat 
pump models.  The model uses parameters that appear in technical data sheets to 
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calculate the refrigerant mass flow rate and consumed power.  Slight modifications have 
been made for clarity and for extension to the current study.  The compression process is 
divided into three parts, which are illustrated in Figure 20: (i-1) isenthalpic pressure drop 
in the suction valve; (1-2) isobaric heating from a fictitious wall at wall temperature Tw; 
and (2-3) isentropic compression.  The heat transfer from the fictitious wall to the 
refrigerant serves 
             
to account for the deviation of the compression process from the ideal, isentropic case.  
The parameters required in the model are the suction line diameter dsuc, the value of UA 
for the isobaric heating process, the compressor rotation speed N, the swept volume Vs, 
the ratio between the dead space and the swept volume ε, and the fictitious wall 
temperature Tw.  The unknown variables dsuc, ε, and UA are determined by comparing 
model output with known performance results from a technical data sheet.  The solution 
of this model is carried out by solving the given equations simultaneously in EES.  The 
model description is aided with values from a representative compressor, a Carlyle Model 
 
Figure 20: Diagram of the Three Part Compression Process, 
from Dupez et al. (2007) 
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06DR109, a semi-hermitic reciprocating compressor.  Performance data are taken from 
Carlyle technical data (Carlyle Compressor Company 2009). 
 Assuming known refrigerant compressor inlet conditions Ti (7.23°C) and Pi 
(377.7 kPa), the inlet enthalpy hi (254.6 kJ/kg), entropy si (0.9277 kJ/kg-K), and density 
ρi (18.47 kg/m
3
) can be determined for R-134a as previously described.  The inlet valve 
coefficient dsuc is calculated using Eq. 119 assuming a known value for the pressure drop 
in the suction valve ∆psuc.  A nominal value of 5 kPa is used, as suggested by Duprez et 
al. if the value is unknown.  With m = 0.05972 kg/s, dsuc = 0.0133 m. 
 
2
suc suc i4 2m d pπ ρ= ∆  (119) 
Assuming the expansion across the suction valve is isenthalpic, the thermodynamic 
properties at point 1 can be calculated from the enthalpy and pressure.  P1 = 372.7 kPa, h1 













The temperature after the isobaric heating process (1-2) is determined by considering Eq. 
121.  As suggested by Duprez et al., Tw = 50°C. With T2 = 20.71°C and P2 = 372.7 kPa, 
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The mass flow rate m is calculated using Eq. 122, where ρ2 is the density at state point 2 
calculated as a function of the temperature and pressure. With ρ2 = 17 kg/m
3
 and vcV





/s, m is calculated as 0.05972 kg/s. 
 2 vcm Vρ=
  (122) 
The circulated volume flow rate vcV
  is calculated using Eq. 123, where Vc is the 
circulated volume as illustrated in Figure 21 and N is the rotational speed of the 




 and N = 1750 rpm, yielding vcV





 vc c 60V V N=
  (123) 
The circulated volume is calculated by Eq. 124, where Vd is the volume of the dead space 
and Vs is the swept volume of the compressor, and ε is the ratio between the dead volume 





















 and ε = 0.06325. 
 
Figure 21: Crank Diagram for the Compression Process, 
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 (124) 
The swept volume is calculated from known compressor geometry: the number of 
cylinders Ncylinders (2), the stroke length lstroke (34.9 mm) and the bore diameter dBore (50.8 







s cylinders stroke Bore 4V N l dπ=  (125) 
The volume at point 3’’ is calculated from the known mass of refrigerant m3’’ and the 
known density of the refrigerant.  m3’’ = 5.099 × 10
-4
 kg, ρ3’’ = 17.001 kg/m
3
 yielding V3’’ 





 3'' 3'' 3''V m ρ=  (126) 
 
The expansion process from point 3’ to 3’’ is considered isentropic; therefore the density 
at point 3’’ is calculated as a function of pressure and entropy. P3’’ = Psuc = 372.7 kPa, s3’’ 















The entropy at point 3’ is calculated as a function of the known pressure and density.  P3’ 
=Phigh-side = 1282 kPa, ρ3’ = ρ3 = 56.98 kg/m
3














The density at point 3 is calculated by assuming the overall compression process (2-3) as 




















 and ρ3’ = 
56.98 kg/m
3
, m3’’ = 5.099 × 10
-4
 kg. 
 3'' 3' dm Vρ=  (130) 
The refrigerant outlet temperature T3 and enthalpy h3 are obtained from the calculated 
outlet pressure and entropy.  The power consumed by the compressor is calculated using 
Eq. 131.  With s3 = 0.9723 kJ/kg-K and P3 = 1282 kPa, h3 = 294.8 kJ/kg and T3 = 
66.03°C.  Wcompressor = 2.40 kW. 
 ( )compressor 3 iW m h h= −  (131) 
The values of the ratio of the dead space to swept volume ε and the temperature at point 2 
T2 are calculated by equating the calculated values of mass flow rate and consumed 
power with the values reported in the technical data sheet of the actual compressor, which 
are given in Table 4.  The isentropic efficiency of the total compression process ηs is 
calculated by Eq. 132. ss,3 = 0.9277 kJ/kg-K, hs,3 = 280 kJ/kg yielding ηs = 0.6307. 
 ( )
( ) ( )
s,3 i
s,3 s,3 3
s s,3 i 3 i
,
s s
h h s P
























Stroke 34.9 mm Bore 50.8 mm 
Power 2.4 kW     
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3.7 . Pump and Fan  
 The pump and fan models calculate the required power to overcome the pressure 
losses in the liquid loops and air streams, respectively.  As the goal of this study is 
primarily to evaluate high-level system performance, the models for the pump and fan are 
simplistic.  As mentioned, the pump does work on the liquid, an ethylene-glycol/water 
mixture.  Hydronic fluid properties are determined using the ‘BRINEPROP2’ function in 
EES, which is  based on equations and data from the IIR/IIF handbook on secondary 
refrigerants (Melinder 1997).  The fan does work on the air streams, both ambient-side 
and conditioned space-side.  As in the other models, the air properties are calculated 
using the ‘AirH2O’ function in EES.   
 The pressure drops in the various stream or loops are known from the heat 
exchanger and line-loss models.  Therefore, this value is treated as an input for the pump/ 
fan model.  The volumetric flow rate of the working fluid is calculated using Eq. 133 
with the density calculated using the appropriate function.  For a liquid pump with m = 
0.2922 kg/s and ρ = 1029 kg/m
3





 V m ρ=   (133) 
The ideal pumping power required to overcome the pressure loss ∆P is calculated using 
Eq. 134.  With ∆P = 83.6 kPa, Wideal = 0.0237 kW. 
 idealW V P= ∆
  (134) 
Using an assumed value for the pump/ fan efficiency, the actual power consumed by the 
pump/fan is calculated by Eq. 135.  With η = 0.6, Wactual = 0.0396 kW. 
 actual idealW W η=  (135) 
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The change in temperature of the working fluid due to the power input is calculated using 
Eq. 136 for the air stream and Eq. 137 for the liquid loop.  For the liquid stream with 
Wactual = 0.0396 kW, m = 0.2922 kg/s, cp = 3.905 kJ/kg-K, and Tin = 8°C, Tout = 8.035°C. 
 
( )
air,out air,in actual air
air,out air,out air,out,
h h W m





 ( )liq.,out liq.,in actual liq. p,liq.T T W m c= +    (137) 
3.8 . Single Phase Line 
 The single-phase line model calculates the change in temperature and pressure, 
and heat loss or gain associated with a line that transports a single-phase fluid between 
components within the system.  The required inputs for the model are fluid inlet 
temperature and pressure, ambient air temperature, the position of the line in relation to 
other system components, the geometry and physical properties of the line, and any 
insulation employed.  Figure 22 shows a diagram of the basic line design showing the 
fluid, tube, insulation, and ambient environment.  Like the heat exchanger models, a 
thermal resistance network is used to determine a UA value for the line; this network is 
also shown in Figure 22.  The effectiveness-NTU method is then used to calculate the 
heat gain/loss and subsequent working fluid property changes.  The single-phase working 
fluid pressure drop and heat transfer coefficient modeling are the same as those described 
for the heat exchanger models. 
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 The change in temperature across the length of the line is obtained by 
representing the line as a system of thermal resistances.  There are resistances dues to: 
forced convection from the fluid to the line wall, conduction across the line wall and the 
insulation, and natural convection and radiation from the external surface of the 
insulation.  It should be noted that in these calculations, the line is assumed to be located 
in an environment that may be approximated as quiescent air.  The model description is 
illustrated by considering a representative 0.5 m line located between the evaporator 
outlet and the compressor inlet.  The refrigerant inlet temperature and pressure are 
10.06°C and 349 kPa, and the refrigerant mass flow rate is 0.0875 kg/s.  The ambient air 
temperature is 35°C, and the tube outer diameter is 12.7 mm with a wall thickness of 
0.812 mm and insulation thickness of 6.35 mm.    
3.8.1 Forced Convection Heat Transfer 
 Forced-convection heat transfer occurs between the internally flowing fluid and 
the tube wall.  The Prandtl number, Prfluid, and thermal conductivity for the fluid, kfluid, 
are calculated at the average temperature and pressure.  Churchill’s (1977a) Nusselt 
number correlation is used to determine the fluid heat transfer coefficient, where di is the 
 
Fig 22: Schematic of the Line Model 
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inside diameter of the line.  With Re = 889,153, f = 0.01736, Pr = 0.7894, k = 0.01299 




































=  (139) 
The thermal resistance for the internal forced convection is calculated using Eq. 140. 
Rinternal = 0.0312 K/W. 
 ( )internal forced1 iR h d Lπ=  (140) 
3.8.2 Conduction Heat Transfer 
 The conduction thermal resistance takes into account the conduction heat transfer 
across the line material and the insulation.  The diameter of the pipe and the insulation is 
calculated using Eq. 141.  With do = 12.7 mm and tinsul = 6.35 mm, dinsul = 25.4 mm. 
 ( )insul insul2od d t= +  (141) 
The temperature of the line is required to calculate the thermal conductivity of the line.  
The thermal conductivity of the line is determined from the EES function ‘k’ for the line 
material.  Due to the iterative nature of the necessary calculations, the temperature of the 
line is determined simultaneously with the rest of the calculations.  The thermal 
resistance due to conduction across the line is calculated using Eq. 142.  With kline = 
236.2 W/m-K, Rcond,line = 0.00018 K/W. 
 ( ) ( )cond,line lineln 2o iR d d Lkπ=  (142) 
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The line is assumed to be insulated with cellular glass pipe insulation.  The thermal 
conductivity of the insulation is calculated at the average insulation temperature using the 
‘k’ conductivity function in EES.  The thermal resistance due to conduction across the 
insulation is calculated using Eq. 143. With kinsul = 0.05613 W/m-K, Rcond,insul = 3.931 
K/W. 
 ( ) ( )cond,insul insul o insulln 2R d d Lkπ=  (143) 
3.8.3 Natural Convection and Radiation Heat Transfer 
 The heat transfer from the surface of the insulation to the ambient occurs in 
parallel heat transfer modes of natural convection and radiation.  To determine the 
properties of air required for natural convection calculations, the surface film temperature 
is calculated using Eq. 144.  The surface temperature, Tsurf, needed here is the 
temperature of the outside surface of the insulation, thus Tsurf = Tinsul,o.  This temperature 
is dependent on the calculated heat loss or gain across the line length; therefore, it is 
obtained iteratively.  With Tamb = 35°F and Tsurf = 25.21°C, Tsurf,film = 30.1°C. 
 ( )surf,film amb surf 2T T T= +  (144) 
From the film temperature and the ambient pressure, the Prandtl number, dynamic 
viscosity, thermal conductivity, volumetric thermal expansion coefficient, and density of 
the air surrounding the line are determined.  From this information, the kinematic 
viscosity is calculated according to Eq. 145.  With µair = 1.873 × 10
-5
 kg/m-s and ρair = 
1.164 kg/m
3





 air air airν µ ρ=  (145) 
The Grashof number is calculated using Eq. 146,   
 
3 2
air air amb surf insul airGr g T T dβ ν= −  (146) 
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where g is the average acceleration due to gravity.  With βair = 0.00330 K
-1
, Grair = 20055.  
The Rayleigh number is then calculated using Eq. 147.  With Prair = 0.7268, Raair = 
14576.   
 air air airPrRa Gr=  (147) 
The Nusselt number for natural convection is calculated using Eq. 148, which is 
applicable for long horizontal cylinders with RaD ≤ 10
12 
(Churchill and Chu 1975).  Nunat 


















The heat transfer coefficient for the natural convection is calculated from this Nusselt 
number using Eq. 149.  With kair = 0.0259 W/m-K, hnat = 4.892 W/m
2
-K. 
 nat nat air insulh Nu k d=  (149) 
The thermal resistance due to natural convection is calculated using Eq. 150: Rnat = 5.124 
K/W.  
 nat nat insul1R h d Lπ=  (150) 
For the radiation heat transfer calculations, the temperature of the surroundings is 
assumed to be equal to the ambient air temperature, thus Tsurr = 308.15 K.  The heat 
transfer coefficient for radiation is calculated using Eq. 151,  
 ( ) ( )
surf surr
2 2
rad surf surrh T T T Tεσ= + +  (151) 
where the emissivity of the surface of the insulation, ε, is assumed to be 0.8 and the 






: hrad = 5.061 W/m
2
-K.  The 
thermal resistance due to radiation is calculated using Eq. 152: Rrad = 4.952 K/W. 
 rad rad insul1R h d Lπ=  (152) 
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3.8.4 Total Thermal Resistance and Heat Gain 
 The total thermal resistance for the network containing the line and the insulation 
is calculated using Eq. 153: Rtotal = 6.48 K/W.  
 
( )total internal cond,line cond,insul nat rad
1
1 1
R R R R
R R
= + + +
+
 (153) 
The log mean temperature difference for the line is calculated using Eq. 154. Because the 
refrigerant outlet temperature is dependent on the pressure drop and heat gain/loss, the 
value of LMTD is also obtained iteratively: LMTD = 25.2°C. 
 
( ) ( )( )
( ) ( )( )
amb out amb in
amb out amb inln
T T T T
LMTD





The heat gained or lost by the fluid across the line is calculated using Eq. 155: Q = 3.9 W 
or 0.0039 kW.  
 totalQ LMTD R=  (155) 
The outlet temperature of the fluid is calculated using the sequence given in Eq. 156 for 
R-134a and the sequence given in Eq. 157 for the coupling liquid.  If the refrigerant 
temperature is lower than the ambient temperature, the sign on the heat transfer term is 
positive (+); if the refrigerant temperature is higher than the ambient temperature, the 
sign on the heat transfer term is negative (-).  In the example case, the refrigerant 
temperature (10.06°C) is lower than the ambient temperature (35°C).  With hin = 258 






h Q m h





 ( )( )out liq p,liq inT Q m c T= ± +  (157) 
The temperature of the inside surface of the line is calculated using Eq. 158, where the 
sign convention for the heat transfer term is as described above: Tline,i = 9.924°C. 
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 line,i internal fluid, avgT R Q T= ± +  (158) 
The temperature of the outside surface of the line, which is also the inside surface of the 
insulation, is calculated using Eq. 159: Tline,o = 9.925°C. 
 line,o conduction,line line,iT R Q T= ± +  (159) 
Due to the high thermal conductivity of aluminum, the temperature drop across the tube 
wall is negligible.  The temperature of the outside surface of the insulation, which is 
exposed to the environment, is calculated using Eq. 160: Tinsul,o = 25.21°C. 
 insul,o conduction,insul line,oT R Q T= ± +  (160) 
As stated above, these tube wall and insulation temperatures are used iteratively both for 
material thermal conductivity calculations, as well as the natural convection and radiation 
heat transfer coefficient calculations. 
3.9 . Two Phase Line 
 The two-phase line procedure calculates the changes in temperature and pressure, 
heat loss or gain, and change in phase associated with a line that transports a two-phase 
fluid between components within a system.  The two-phase line procedure is identical to 
the single-phase line procedure except that the pressure drop is calculated based on the 
two-phase pressure drop and heat transfer coefficient correlations previously described.  
If the temperature of the fluid in the line is lower than the ambient temperature, heat is 
gained by the fluid and a flow boiling heat transfer coefficient correlation is used.  If the 
temperature of the fluid is higher than the ambient temperature, heat is transferred from 
the fluid to the ambient environment and a convective condensation correlation is 
employed. 
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3.10 Heat Exchanger Design and System Modeling Procedures 
 This section describes the procedures used for the design of the various heat 
exchangers used in this study, with a focus on how the design calculations are conducted 
to meet the specific requirements imposed on the heat exchangers by the system.  The 
procedure for incorporating these heat exchanger designs into system models is then 
described. 
3.10.1 Heat Exchanger Design Procedure 
 Each of the systems modeled in this study has certain specified operating 
conditions, such as ambient temperature, ambient pressure, and air flow rates.  There are 
also certain design goals for each system, including desired evaporator air outlet 
temperature, and closest approach temperatures between the various working fluids.  The 
previously described heat exchanger models are used to determine the heat exchanger 
geometry and heat exchanger configuration that best meets the design goals within the 
specified operating conditions.  Figure 23 depicts a flow chart of this heat exchanger 
design procedure. 
     
 
Figure 23: Heat Exchanger 
Design Procedure 
 102
 As can be seen in this figure, for the purposes of heat exchanger design, the model 
input parameters include fluid inlet temperatures and pressures, refrigerant inlet quality, 
desired fluid flow rates, desired closest approach temperatures, and desired fluid outlet 
temperatures.  The heat exchanger geometry, including tube size, number of tubes, fin 
size and number of fins, may be optimized with respect to heat exchanger mass, fluid 
pressure drop or refrigerant charge.  As soon as the required geometry is determined, it is 
fixed and the heat exchanger design is incorporated into the system model. 
3.10.2 System Modeling Procedure 
 A flow chart of the system modeling procedure is shown in Figure 24.  Once the 
geometric designs for each of the required heat exchangers have been fixed, these 
designs, along with the various fluid flow rates, ambient temperature, condenser 
refrigerant pressure, and evaporator refrigerant pressure, and component efficiencies 
serve as the inputs for the system models.  With these inputs and the heat exchanger and 
other component models previously described, the performance of the system is 
iteratively solved in EES.  The output parameters of the system models are conditioned 
space outlet temperatures, condenser-side outlet temperatures, fluid pressure drops, 
consumed power, heat duties, and the coefficient of performance.  It is important to stress 
that in the system models, the conditioned space air outlet temperature is not specified, 
but rather it is calculated through the interaction of the working fluids across the heat 
exchangers of specified geometry.   
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 Simulations of four systems are presented here for the purpose of determining the 
suitability of hydronically coupled cooling systems to automotive use.  Systems with and 
without liquid-coupling are presented.  Input parameters, operating conditions, and 
predicted results are presented for each system. The four systems considered are: 
• System 1 consists of an air-coupled evaporator, an air-coupled condenser, a 
compressor, a condenser-side fan, an evaporator-side blower, a flow control 
device, and the connecting refrigerant lines.  This is the typical automotive air-
conditioning system design. 
• System 2 consists of a conditioned-space air-to-liquid heat exchanger, a liquid-
coupled evaporator, a liquid-coupled condenser, a condenser-side liquid-to-air 
heat exchanger, a compressor, an evaporator-side liquid pump, a condenser-side 
liquid pump, a condenser-side fan, an evaporator-side blower, a flow control 
device, and the connecting refrigerant and liquid lines.  This is a completely 
liquid-coupled system that would provide the ability to isolate the refrigerant 
containing components and locate them in any desired location. 
• System 3 consists of two air-coupled evaporators that are configured in parallel 
refrigerant flow, an air-coupled condenser, a compressor, two evaporator-side 
blowers, a condenser-side fan, a flow control device, and the connecting 
refrigerant lines.  The evaporators in this system are assumed to be spatially 
distributed such that one is located near the compressor and condenser, while the 
second evaporator is located some distance away from the other major 
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components.  This necessitates the use of long refrigerant containing lines for the 
second evaporator.   
• System 4 seeks to address the thermal management problem addressed by System 
3 of multiple spatially distributed heat loads through the use of hydronic fluid 
coupling.  Therefore, System 4 consists of two air-to-liquid heat exchangers that 
are configured in parallel flow on the same hydronic fluid loop, a liquid-coupled 
evaporator, an air-coupled condenser, a compressor, two conditioned-space-side 
blowers, a condenser-side fan, a conditioned-space-side liquid pump, a flow 
control device, and the required refrigerant and liquid lines.  In System 4, the 
distributed heat loads are served by liquid-carrying lines instead of refrigerant 
carrying lines.   
4.1 . System Descriptions and Results 
4.1.1 System 1: Air-Coupled Condenser, Air-Coupled Evaporator 
 System 1 consists of an air-coupled condenser and an air-coupled evaporator.  
This is the typical automotive air-conditioning system.  A schematic of System 1 is 
shown in Figure 25.  Heat is transferred from the conditioned-space air stream to the 
refrigerant across the air-coupled evaporator and is transferred to the ambient air stream 
across the air-coupled condenser.  The input parameters for System 1 are shown in Table 
5.  The ambient air temperature is assumed to be 37.78°C (100°F).  It is assumed that the 




/s), driven by 





/s), which would be driven by a combination of ram air and 
condenser-side fan.  The desired conditioned-space air delivery temperature is set at 
15.05°C.  This temperature is not specified in the models; it is allowed to vary based on 
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the individual heat exchanger designs and calculations.  It is presented here as a desired 
outlet temperature that guides fixed values of other system variables.  This temperature is 
arrived at using a basic thermodynamic model of an automobile passenger compartment 
subject to an ambient environment of 37.78°C (100°F) with 40% relative humidity and a 
 
Figure 25: Schematic of System 1: Air-Coupled Condenser and 
Evaporator 

















ODline,2-3 12.7 mm Lline,2-3 0.5 m ∆Tsubcool, desired 3°C 
ODline,6-7 7.94 mm Lline,6-7 3 m ∆Tsuperheat,desired 5°C 
ODline,8-9 12.7 mm Lline,8-9 0.5 m IDair-duct 50.8 mm 





 solar irradiance.  System 1 is modeled using the previously described 
segmental heat exchanger models, single-phase and two-phase line loss models, and the 
compressor and fan/blower models.  The heat exchangers for this system are designed to 
achieve closest approach temperatures between the refrigerant and air-streams of 4°C, a 
5°C refrigerant superheating exiting of the evaporator, and a 3°C refrigerant sub-cooling 
exiting the condenser.  The evaporator in System 1 is assumed to be located 3 m distant 
from the other major components of the vapor-compression system; therefore, the 7.94 
mm OD line between the condenser and the flow control device and the 12.7 mm OD line 
between the evaporator and the compressor are 3 m long.  The value of 3 m is used as this 
is assumed to be a representative length of refrigerant line that would be required to 
connect the condenser outlet, which is located at the front of the engine compartment, to 
the expansion device located near the evaporator, which is directly adjacent to the 
passenger compartment.  This assumed value is used in place of a calculated length of 
line because no detailed component layout with respect to engine compartment is 
employed in this study.  The other lines, from the compressor to the condenser and form 
the flow control device to the evaporator are 12.7 mm in outside diameter and 0.5 m long.  
There is assumed to be an air-delivery network consisting of four parallel air ducts to 
deliver the conditioned air to the passenger space after it exits the evaporator.  Each duct 
is 2 m long and has a hydraulic diameter of 50.8 mm.  A schematic of this air-distribution 
system is shown in Figure 26. 
  A summary of the system results is shown in Table 6, and a pressure versus 
enthalpy diagram for the refrigerant in System 1 is shown in Figure 27.  The actual 
conditioned-space air delivery temperature is 15.0°C with refrigerant superheating and 
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sub-cooling values of 5.01°C and 3.04°C, respectively.  The total evaporator cooling duty 
is 6.2 kW, with a total compressor and fan/blower power consumption of 1.166 kW, 
resulting in a COP of 3.74.  The compressor, with a pressure ratio of 3.35 and refrigerant 
mass flow rate of 0.0434 kg/s consumed 1.64 kW.  With a pressure drop across the 
evaporator and air-distribution network of 160 Pa, 11.3 W are required by the blower to 
drive the 0.142 m
3
/s evaporator side air flow.  On the condenser air side, where there is  
    
 
     
 
Figure 26: Schematic of Conditioned Air 
Distribution System 
Table 6: System 1 Results Summary 
Tair,delivered,evap 15.0°C CATevap,actual 3.87°C ∆Tsuperheat,actual 5.01°C 
Tair,out,cond 45.9°C CATcond,actual 4.06°C ∆Tsubcool,actual 3.04°C 
Qevap 6.2 kW Qcond 7.9 kW Wcompressor 1.64 kW 
Wblower,evap 11.3 W Wfan,cond 5.8 W COP 3.74 
Pcond,in 1313 kPa Pevap,in 430 kPa Pcomp,in 391 kPa 
Pressure 
ratio 
3.35     
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no ducting network, the condenser fan consumes 5.8 W to overcome a pressure drop of 
13.6 Pa.  Additional vehicle-specific details will govern actual values of these power 
consumptions.  A summary of the heat exchanger designs required to achieve these 
results is shown in Table 7.  Detailed heat exchanger design data is provided for both the 
air-coupled condenser and air-coupled evaporator in Table 8.    From Table 7 and from 
Figure 28, a comparison of heat exchanger face areas, it can be seen that the condenser 
size is larger than the evaporator.  Though the refrigerant heat transfer coefficients are 
comparable for the evaporator and condenser, averaging 2,590 W/m
2
-K and 2,790 W/m
2
-





-K for the evaporator and condenser, respectively.   The condenser is 
required to dissipate more heat (7.9 kW) than the evaporator (6.2 kW).  This results in a 
condenser with a larger mass (2.06 kg versus 1.74 kg) that requires a larger refrigerant 
charge (0.064 kg versus 0.028 kg).  The log mean temperature difference (LMTD) for the 
 
Figure 27: p-h Diagram for System 1, with an Air-Coupled Condenser and 
an Air-Coupled Evaporator 
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condenser is 7.39°C, while the LMTD for the evaporator is 12.25°C.  The additional heat  
duty requirement and the lower available driving temperature difference in the condenser 
contribute to the larger thermal conductance requirement in the condenser, leading in turn 
to the larger condenser face area.  The evaporator air side heat transfer coefficient (the 
dominant resistance) is considerably lower than the condenser air-side heat transfer 
coefficient, which would indicate a large surface area requirement.  However, because of 
the latent heat load component in the evaporator, the larger thermal capacity rate of the 
evaporator air stream transfers larger heat duties for a given temperature change, with the 
combined effects of these different factors leading to an evaporator smaller than the 
condenser in this case. 
Table 7: System 1 Air-Coupled Heat Exchanger Design Summary 
 htotal Ltotal Ac,total mhx UAtotal 
ACC 0.535 m 0.442 m 0.237 m
2
 2.06 kg 982 W/K 
ACE 0.412 m 0.361 m 0.149 m
2
 1.74 kg 453 W/K 











0.0643 kg  







0.0284 kg  








 The effect of the distance between the evaporator and the other major system 
components is to lower the compressor inlet pressure.  This is due to the refrigerant 
pressure drop of 26 kPa across the evaporator discharge line, from point 11 to 1 on the 
system schematic.  This is clearly seen on the pressure versus enthalpy diagram as the 
vertical distance between points 11 and 1.  Increasing the distance between the evaporator 
and the other major components, especially the compressor inlet, has several effects, 
    Table 8: System 1 Heat Exchanger Design Details 
 trefg,h,o trefg,w,o trefg,t Np,refg wp,refg 
ACC 1 mm 25.4 mm 0.15 mm 28 0.7 mm 
ACE 1 mm 50.8 mm 0.15 mm 56 0.7 mm 
 Nt,pass 1 Nt,pass 2 ch cw fp 
ACC 20 20 12.7 mm 25.4 mm 1.27 mm 
ACE 15 16 12.7 mm 50.8 mm 2.31 mm 
 ft θ lw li  
ACC 0.127 mm 30° 1.14 mm 22.86 mm  
ACE 0.127 mm 30° 1.14 mm 22.86 mm  
 
 
Figure 28: System 1 Heat Exchanger Face Areas 
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which are summarized in Table 9.  The evaporator discharge line pressure drop increases, 
which in turn lowers the compressor inlet pressure.  This raises the required pressure ratio 
for a given compressor discharge pressure, which requires a greater compressor power, 
resulting in a diminished coefficient of performance.  Increasing the effective line length 
through other pressure reducing devices such as line bends, changes in diameter, or 
valves would have a similar effect. 
  
4.1.2 System 2: Liquid-Coupled Condenser, Liquid-Coupled Evaporator 
 System 2 consists of a liquid-coupled condenser, a liquid-coupled evaporator, and 
liquid-air heat exchangers on both the condenser side and the evaporator side.  This is the 
system that might be employed if a “sealed vapor compression package” is desired.  A 
schematic of System 2 is shown in Figure 29.  Heat is transferred from the conditioned-
space air stream to the evaporator-side liquid loop, which transfers heat to the refrigerant 
across the liquid-coupled evaporator.  The high temperature refrigerant transfers heat to 
the condenser-side liquid loop across the liquid-coupled condenser, and finally the heat is 
transferred to the ambient air stream across the condenser-side air-liquid heat exchanger.  
As in System 1, an air-distribution ducting system, as shown in Figure 26, is used to 
deliver the conditioned air to the passenger space.  The input parameters for System 2 are 
shown in Table 10.  The ambient air is again assumed to be at 37.78°C and 40% relative 














3  26  0.122  3.74 3.36 1.64  
5  48  0.195  3.72 3.95 1.85  
7  70  0.268  3.09 4.23 1.96  
10  106  0.377  2.81 4.79 2.16  
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/s).  The liquid flow rate in both the evaporator-side and condenser-side liquid 




/s).  The desired conditioned-space air delivery 
temperature is also 15.05°C.  System 2 is also modeled using the segmental heat 
exchanger models, and single-phase refrigerant, two-phase refrigerant, and coolant line 
loss models.  The heat exchangers in this system are designed to achieve liquid-air closest 
approach temperatures of 3°C; however the presence of the liquid loops requires an 
additional temperature difference between the liquid and the refrigerant.  The desired 
closest approach temperatures for the counter-flow liquid-coupled condenser and 
evaporator are 2°C.  As in System 1, the desired levels of refrigerant superheating and 
sub-cooling are 5°C and 3°C, respectively.  As in System 1, the conditioned space air 
delivery point, thus the conditioned space heat exchanger, are assumed to be located 3 m 
distant from the other major components of the system; however, in System 2, this spatial 
displacement is achieved through the use of extended coolant lines instead of refrigerant 
carrying lines.  The refrigerant containing components are assumed to all be centrally 
located, immediately adjacent to one another.  The hydronic fluid contained in the liquid 
loops is a water/ propylene-glycol mixture with 30% propylene-glycol by mass.  At this 
concentration and ambient pressure, the hydronic fluid has a boiling point of 102.2°C and 
a freezing point of -13.08°C. 
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  A summary of the system results is shown in Table 11, and a pressure versus 
enthalpy diagram for the refrigerant in System 2 is shown in Figure 30.  The actual 
conditioned-space air delivery temperature is 15.04°C with refrigerant superheating and 
sub-cooling values of 5.00°C and 2.97°C, respectively.  The total conditioned-space 
cooling duty is 6.15 kW, with a total compressor, pump and fan power consumption of 
2.19 kW, resulting in a COP of 2.81.  The System 2 cooling duty is slightly lower than 
that for System 1 (6.2 kW); however, the System 2 COP is lower than that for System 1 
(3.74) due mostly to the increase in consumed power.  In System 2, the pressure ratio is 
4.27 and the compressor consumes 2.1 kW, which is 28% larger than System 1 (1.64 
kW).  This difference is due to the lower evaporator pressure (360.8 kPa compared with 
430 kPa for System 1) and higher condenser pressure (1492 kPa compared with 1313 kPa 
 
Figure 29: Schematic of System 2: Liquid-Coupled Condenser and 
Evaporator 
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for System 1) required to accommodate the evaporator-side and condenser-side liquid 
coupling.  The addition of the liquid loops also adds two liquid pumps, which consume 
55 W and 14 W on the evaporator and condenser side, respectively.  The power 
consumed by the blower (11.3 W) and fan (5.3 W) is comparable to the corresponding 
values for System 1 (11.3 W for blower and 5.8 W for fan). 
 
  



































xliq,cond. 30% twall 0.81 mm ODliq. 19.05 mm 
Lline,2-3 0.5 m ODline,2-3 12.7 mm Lline,18-19 3 m 
Lline,6-7 0.5 m ODline,6-7 7.94 mm Lline,16-17 3 m 
Lline,8-9 0.5 m ODline,8-9 12.7 mm Lline,22-23 0.5 m 
Lline,11-1 0.5 m ODline,11-1 12.7 mm Lline,24-19 0.5 m 
IDair-duct 50.8 mm Lair-duct 2 m   
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∆Tsuperheat,actual 5.00°C ∆Tsubcool,actual 2.97°C COP 2.81 
QHX,evap-side 6.15 kW Qevap 6.21 kW Qcond 8.31 kW 







Wcompressor 2.1 kW 
Wblower, 
evap-side 
11.3 W Wfan,cond-side 5.3 W 
Pcond,in 1492 kPa Pevap,in 360.8 kPa Pcomp,in 349.7 kPa 
Pressure 
ratio 
4.27     
 
 
Figure 30: p-h Diagram for System 2, with a Liquid-Coupled Condenser 
and a Liquid-Coupled Evaporator 
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 A summary of the heat exchanger designs required to achieve these results is 
shown in Table 12.  Design details for the air-coupled heat exchangers are provided in 
Table 13, while design details for the liquid-coupled evaporator and liquid-coupled 
condenser are provided in Table 14.  Figure 31 presents a comparison of the heat 
exchanger face areas for System 2.  Again, the required size of the condenser-side air-
coupled heat exchanger is larger than the evaporator-side air-coupled heat exchanger.  
The hot-side and cool-side liquid heat transfer coefficients are again comparable at 2,420 
W/m
2
-K and 2,250 W/m
2
-K, respectively, while the air heat transfer coefficients are 
again different at 160 W/m
2
-K and 90 W/m
2
-K, respectively.    The difference in size is 
Table 12: System 2 Heat Exchanger Design Summary 
 htotal Ltotal Ac,total mHX UAtotal 
Air-Liq HX, 
Evap.-side 
0. 467 m 0. 419 m 0.196 m
2
 1.46 kg 420 W/K 
LCE 
 
0.041 m 0.394 m - 1.02 kg 1480 W/K 
LCC 0.049 m 0.454 m - 2.11 kg 1560 W/K 
Air-Liq HX, 
Cond.-side 
0.549 m 0.554 m 0.304 m
2
 2.26 kg 1050 W/K 





- 0.49 Pa 70.8 kPa - - 
LCE 
 


















- 6.25 Pa 27.2 kPa - - 









due to the higher heat transfer rate required of the condenser-side heat exchanger (8.32 
kW) than of the evaporator-side heat exchanger (6.15 kW).  The liquid-coupled 
condenser is also larger than the liquid-coupled evaporator; the liquid-coupled condenser 
consists of more tubes, has wider tubes, and is longer.  In this case, the condenser does 
have a higher heat duty (8.31 kW compared with 6.21 kW for the evaporator); however, 
the average refrigerant heat transfer coefficient is lower for the condenser at 1,090 W/m
2
-
K as compared with 2,960 W/m
2
-K for the evaporator, though liquid heat transfer 
coefficients are comparable at 2,420 W/m
2
-K for the condenser and 2,250 W/m
2
-K for 
the evaporator.  
 
 
Table 13: System 2 Air-to-Liquid Heat Exchanger Design Details 
 tliq,h,o tliq,w,o tliq,t Nport,liq wp,liq 
Cond. Side 1 mm 25.4 mm 0.15 mm 28 0.7 mm 
Evap. Side 1 mm 25.4 mm 0.15 mm 28 0.7 mm 
 Nt ch cw fp ft 
Cond. Side 20 12.7 mm 25.4 mm 1.27 mm 0.127 mm 
Evap. Side 35 12.7 mm 25.4 mm 1.59 mm 0.127 mm 
 θ lw li   
Cond. Side 30° 1.14 mm 22.86 mm   
Evap. Side 30° 1 mm 22.86 mm   
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 The required refrigerant charge for the condenser (0.103 kg) is also larger than 
that required for the evaporator (0.019 kg).  The liquid-coupled evaporator refrigerant 
charge is lower than the charge in the System 1 air-coupled evaporator (0.0284 kg); the 
liquid-coupled condenser has fewer tubes (20 compared with 31), which compensates for 
being slightly longer (0.394 m compared with 0.361 m).  the liquid-coupled condenser 
has a larger refrigerant charge (0.103 kg) than the System 1 air-coupled condenser (0.064 
 
Figure 31: System 2 Heat Exchanger Face Areas 
  Table 14: System 2 Liquid-to-Refrigerant Heat Exchanger Designs Details 
 tliq,h,o tliq,w,o tliq,t Nport,liq wp,liq Nt,liquid 
LCC 1 mm 76.2 mm 0.15 mm 84 0.7 mm 25 
LCE 1 mm 50.8 mm 0.15 mm 56 0.7 mm 21 
 trefg,h,o trefg,w,o trefg,t Nport,refg wp,refg Nt,refg 
LCC 1 mm 76.2 mm 0.15 mm 84 0.7 24 
LCE 1mm  50.8 mm 0.15 mm 56 0.7 20 
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kg).  Though the System 2 liquid-coupled condenser has fewer refrigerant tubes (24 
compared with 40 for the air-coupled condenser), it is longer at 0.454 m than the air-
coupled condenser (0.442 m) and wider (76.2 mm compared with 25.4 mm).  Each of 
these trends is due to the fact that extra heat transfer area in the liquid-coupled condenser 
can only be added by increasing the tube dimensions, whereas in the air-coupled 
condenser, heat transfer area can be effectively increased by increasing the heat-transfer-
limiting air-side area by increasing the area of the fin structure.  The total refrigerant 
charge required for the System 2 connecting lines is 0.028 kg.  This is much lower than 
the 0.122 kg required of the connecting lines in System 1.  This difference is due to the 
fact that the long length lines in System 2 contain liquid instead of refrigerant.  For this 
same reason the refrigerant pressure drop between the evaporator discharge and the 
compressor inlet is much smaller at 5.81  kPa.  The increase in liquid line length required 
as the conditioned-space air-to-liquid heat exchanger moves farther from the major 
system components increases the liquid-loop total pressure drop; this increases the 
required pumping power; however, this has a relatively minimal effect on the total power 
requirement, as shown in Table 15.   
 










3  5  4.8  55.2  2.814 
5  8.4  7.8  57.9  2.811 
7  11.7  11.0  60  2.807 
10  16.7  15.7  64  2.802 
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4.1.3 System 3: Air-Coupled Condenser, 2 Air-Coupled Evaporators 
 System 3 consists of an air-coupled condenser and two air-coupled evaporators.  
This system would be employed when there are two locations that require cooling but are 
spatially separated.  This system is essentially identical to System 1, except that an 
additional evaporator has been added in parallel to the original.  A schematic of System 3 
is shown in Figure 32.  The input parameters for System 3 are shown in Table 16.  These 
parameters are in most cases identical to those for System 1.  It is important to note, 





/s) so that the total evaporator air flow rate is 300 cfm (0.283 m
3
/s), and 
the desired air delivery temperature for both is 15.05°C.  This means that each of the two 
evaporators will transfer approximately one half the amount of heat from air to 
refrigerant as in System 1; therefore, the total heat duty for System 3 equal that of System 
1.  Due to this, the condenser-side air volumetric flow rate is the same as in System 1, 
1800 cfm (0.549 m
3
/s).  Additionally, it is important to note that the first evaporator is 
assumed to be 3 m distant from the compressor and other major components, while the 
second evaporator is assumed to be 10 m distant.  The use of the 3 m length of refrigerant 
line has been previously described.  The length of 10 m is used for the second evaporator 
because no detailed orientation details for the second, distant conditioned space are 
employed in this study.  Ten meters is assumed to be an approximate length of refrigerant 
line that would be required to connect the condenser outlet to the expansion device inlet 
for the evaporator serving a secondary conditioned space that would be much farther 
from the front of the vehicle, as in a tractor trailer-type configuration or a military 
vehicle.  To ensure that each evaporator has the same refrigerant mass flow rate to 
achieve similar performance from each, the pressure drops in the two parallel evaporator 
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paths are managed to ensure they match.  This is achieved by two measures, both of 
which are illustrated in Figure 32: using two independently configured flow control 
devices to ensure the evaporator inlet pressures are identical and using a second flow 
control device on the line connecting the closer evaporator to the mixing point to ensure 
that the total branch pressure drops are equal.  This is described in more detail 
subsequently.   
        
 




            
  A summary of the system results is shown in Table 17, and a pressure versus 
enthalpy diagram for the refrigerant in System 3 is shown in Figure 33.  The actual 
conditioned-space air delivery temperature for the closer evaporator is 15.04°C and 
15.00°C for the farther evaporator.  The cooling duties of evaporators 1 and 2 are 3.15 
kW and 3.16 kW, respectively, for a total system cooling duty of 6.3 kW.  The total 
compressor and fan power consumption of 1.67 kW results in a COP of 3.79.  Blower 1 
consumes 3.22 W, while blower 2 consumes 3.21 W, and the condenser side fan 
consumes 10.7 W.  Because the total cooling duty is comparable to that of System 1 (6.2 
kW), the refrigerant mass flow rates are similar (0.04402 kg/s for System 3 and 0.0434 
kg/s for System 1).  With identical pressure ratios of 3.35, the compressor power 
consumed in System 2 (1.65 kW) is very similar to that in System 1 (1.64 kW).  
Table 16: System 3 Input Parameters and Design Points 



























Lline,2-3 0.5 m ODline,2-3 12.7 mm twall 0.81 mm 
Lline,6-7 0.5 m ODline,6-7 7.94 mm Tamb 37.78°C 
Lline,8-9 3 m ODline,8-9 7.94 mm IDair-duct 50.8 mm 
Lline,10-11 0.5 m ODline,10-11 12.7 mm Lair-duct 2 m 
Lline,13-14 3 m ODline,13-14 12.7 mm   
Lline,15-16 10 m ODline,15-16 7.94 mm   
Lline,17-18 0.5 m ODline,17-18 12.7 mm   
Lline,20-21 10 m ODline,20-21 12.7 mm   
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Figure 33: p-h Diagram for System 3, with an Air-Coupled Condenser 
and 2 Air-Coupled Evaporators 






15.00°C Tair,out,cond. 45.8°C 
CAT actual, 

















Qevap 1 3.146 kW Qevap 2 3.158 kW Qcond 8.00 kW 
Wblower, evap1 3.22 W Wblower, evap2 3.21 W Wcompressor 1.65 kW 




Pcond,in 1313 kPa Pevap,in 430 kPa Pcomp,in 392 kPa 
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 The effect of having two evaporators located at different distances from the major 
components is examined in Table 18.  This table gives the refrigerant pressure and 
enthalpy at each significant location on the evaporator branches.  (Identical positions on 
each branch are shown in the same column, such that 11/18 corresponds to the evaporator 
inlets for the closer branch/farther branch.)  To have identical refrigerant mass flow rates 
through each branch, the refrigerant pressure drop across each branch must be identical.  
This would not normally be the case with branches that have different total lengths; 
therefore, certain steps are taken to minimize the difference in pressure drop between the 
two branches and to ensure that they meet at the same pressure.  Firstly, the flow control 
devices are located near the evaporator inlets as opposed to near the other major 
components.  This means that Lline,8-9 = 3 m, while Lline,15-16 = 10 m, but the length 
between each flow control device and evaporator inlet is the same, Lline,10-11 = Lline,17-18 = 
0.5 m.  The pressure drops from 8-9 and 15-16 yield different flow control device inlet 
pressures (1289 kPa for branch 1 and 1268 kPa for branch 2), but each flow control 
device is assumed to be configured independently to yield identical flow control device 
outlet pressures (433 kPa).  Because the line lengths between the flow control devices 
Table 18: Effect of Two Evaporators 
P 
(kPa) 
8/15 9/16 10/17 11/18 13/20 14 (14’)/21 
Refg. 
Loop 1 
1298 1289 433 430 417 392 (407) 
Refg. 
Loop 2 
1298 1268 433 430 416 392 
h 
(kJ/kg) 
8/15 9/16 10/17 11/18 13/20 14 (14’)/21 
Refg. 
Loop 1 





117.9 117.3 117.3 117.4 260.9 262.7 
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and evaporator inlets are the same, the pressure drop across them is the same for identical 
mass flow rates such that the evaporator inlet pressure is 430 kPa in each case.  The 
different line lengths do lead to different line-heat losses, and these lead to slightly 
different refrigerant enthalpies at the evaporator inlets, and these are reflected in the 
slight difference in cooling duty for each evaporator.  Secondly, there is a second flow 
control device on the closer evaporator branch towards the end of the evaporator 
discharge line before the mixing point.  This compensates for the difference in pressure 
drops across the evaporator discharge lines of varying length.  For evaporator 1 with an 
exit pressure of 417 kPa, the pressure at the mixing point would normally be 407 kPa, but 
it is further reduced to be equal to the pressure for branch 2 at this same location (392 
kPa). 
 
Table 19: System 3 Heat Exchanger Design Summary 
 htotal Ltotal Ac,total mHX UAtotal 
ACC 0.535 m 0.454 m 0.243 m
2
 2.11 kg 1030 W/K 
ACE 1 
 
0.398 m 0.305 m 0.122 m
2
 0.91 kg 235 W/K 
ACE 2 0.398 m 0.31 m 0.123 m
2
 0.92 kg 237 W/K 











0.06 kg  
ACE 1 
 







0.011 kg  







0.011 kg  





refgm  0.04402 kg/s     
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 A summary of the heat exchanger designs required to achieve these results is 
shown in Table 19.  Detailed design information for the three heat exchangers is provided 
in Table 20, while a visual comparison of the face areas is given in Figure 34.  The slight 
difference in evaporator inlet conditions is reflected in the slight difference in the 
evaporator designs; the evaporator for branch 2 is slightly longer at 0.31 m compared 
with 0.305 m for the first evaporator.  The System 3 air-coupled condenser is comparable 
in design to the System 1 air-coupled condenser, although in practice, due to ease of 
fabrication, the same size evaporator would be installed at both locations.  Even though 
they transfer half as much heat, the two System 3 air-coupled evaporators have similar 
dimensions to the System 1 evaporator, except that the System 3 evaporators are each 
half the depth at 25.4 mm.  The total mass of the two System 3 evaporators (1.84 kg) is 
comparable to the System 1 evaporator mass (1.74 kg).  The refrigerant charges in the 
evaporators and condenser for System 3 are also similar to those in System 1: 0.022 kg 
and 0.06 kg for the System 3 evaporators and condenser, compared with 0.028 kg and 
0.064 kg for the System 1 evaporator and condenser.   
 128
   
 Because only half the total refrigerant mass flow rate passes through the long line 
lengths to the farther evaporator, the total pressure drop on the evaporator side of the 
system is very similar to the pressure drop in System 1.  This is illustrated through the 
comparable compressor inlet pressures of 392 kPa for System 3 and 391 kPa for System 
1.  This leads to comparable pressure ratios and compressor power, resulting in similar 
coefficients of performance for System 1 (3.74) and System 3 (3.79).   
    Table 20: System 3 Heat Exchanger Design Details 
 trefg,h,o trefg,w,o trefg,t Np,refg wp,refg 
ACC 1 mm 25.4 mm 0.15 mm 28 0.7 mm 
ACE 
1 & 2 
1 mm 25.4 mm 0.15 mm 28 0.7 mm 
 Nt,pass 1 Nt,pass 2 ch cw fp 
ACC 20 20 12.7 mm 25.4 mm 1.27 mm 
ACE 
1 & 2 
15 15 12.7 mm 25.4 mm 1.59 mm 




30° 1.14 mm 22.86 mm  
ACE 
1 & 2 
0.127 
mm 
30° 1.14 mm 22.86 mm  
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4.1.4 System 4: Air-Coupled Condenser, Liquid-Coupled Evaporator, and 2 Air-
Liquid Heat Exchangers 
 System 4 consists of an air-coupled condenser, a liquid-coupled evaporator, and 
two evaporator-side air-liquid heat exchangers.  This system seeks to apply the liquid-
coupling concept to the multiple, spatially distributed heat source situation.  Like System 
2, System 4 utilizes a liquid-coupled evaporator, but there are two heat exchangers on the 
liquid loop instead of one.  Unlike System 2, System 4 has an air-coupled condenser 
instead of a liquid-coupled condenser.  This design is used to take advantage of possible 
benefits of evaporator-side liquid coupling and lower condenser-inlet pressures offered 
by an air-coupled condenser.  This also allows for consideration of the use of liquid-
coupling on one side only, which is not considered in any of the other systems discussed 
above.  A schematic of System 4 is shown in Figure 35.  The input parameters for System 
4 are shown in Table 21.  Like System 3, both conditioned-space air streams have a 




/s) and desired air delivery temperatures of 
 
Figure 34: System 3 Heat Exchanger Face Areas 
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Figure 35: Schematic of System 4: Air-Coupled Condenser, Liquid-
Coupled Evaporator, and 2 Air-Liquid Heat Exchangers 
 
Table 21: System 4 Input Parameters and Design Points 
Tamb 37.78°C Lline,2-3 0.5 m ODline,2-3 12.7 mm 
∆Tsuperheat, 
desired 
5°C Lline,6-7 0.5 m ODline,6-7 7.94 mm 
∆Tsubcool, 
desired 
3°C Lline,8-9 0.5 m ODline,8-9 12.7 mm 
CATa-l, evap, 
desired (1 and 2) 
3°C Lline,11-1 0.5 m ODline,11-1 12.7 mm 
CATl-r, 
evap,desired 
2°C Lline,14-15 0.5 m ODliq. 19.05 mm 
CATr-a, 
cond,desired 



























Lline,25-13 0.5 m   
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15.05°C.  Like System 3, the first air-liquid heat exchanger is assumed to be 3 m distant 
from the vapor-compression core, while the second air-liquid heat exchanger is assumed 




/s), with the flow 
being split evenly between each air-to-liquid heat exchanger.  As in System 3, an 
additional flow control device is present in the near air-to-liquid heat exchanger branch to 
ensure that the pressure drops between the two branches are the same to allow the same 
liquid flow rate in each branch.   
 A summary of the system results is shown in Table 22, and a pressure versus 
enthalpy diagram for the refrigerant in System 4 is shown in Figure 36.  The actual 
conditioned-space air delivery temperature for both air-liquid heat exchangers is 15.05°C.  
The cooling duties of the heat exchangers are 3.0 kW and 3.0 kW, respectively, for a total 
system cooling duty of 6.0 kW.  The liquid-loop pumping power is 60.5 W, and the 
power consumed by each blower is 3.23 W.  The compressor consumes 1.92 kW, and the 
condenser-side fan consumes 10.7 W.  These power inputs and cooling outputs result in a 
coefficient of performance of 3.0.  A summary of the heat exchanger designs required to 
achieve the reported results is shown in Table 23.  Detailed design information for the 
liquid-coupled evaporator is given in Table 24, while design details for the air-coupled 
heat exchangers and the air-coupled condenser are given in Table 25.  A comparison of 
the heat exchanger face areas is presented in Figure 37.  As in System 2, sending the 
cooling to the distant locations in System 4 does not require an additional refrigerant 
carrying line, only an additional liquid carrying line due to the use of the liquid-coupled 
evaporator.  The liquid pressure drop from the evaporator to the closer heat exchanger is 
0.94 kPa while the pressure drop to the farther heat exchanger is 3.1 kPa.  Because the 
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change in pressure of a single-phase liquid does not affect its temperature, the longer 
lengths do not appreciably affect cooling capacity for each of the two conditioned-space 




Figure 36: p-h Diagram for System 4, with an Air-Coupled Condenser and 
a Liquid-Coupled Evaporator, and 2 Air-Liquid Heat Exchangers 
Table 22: System 4 Results Summary 






2.86°C CATl-r, evap,actual 2.4°C 
CATr-a, 
cond,actual 
3.83°C ∆Tsubcool,actual 3.01°C ∆Tsuperheat,actual 5.03°C 
COP 3.0 QHX,evap-side 1 3.0 kW QHX,evap-side 2 3.0 kW 
Qevap 6.04 kW Qcond 8.44 kW Wblower,evap-side 1 3.23 W 
Wfan,evap-side 2 3.23 W 
Wpump, evap-
side 
60.5 W Wcompressor 1.92 kW 
Wfan,cond-side 10.7 W Pcond,in 1333 kPa Pevap,in 360 kPa 
Pcomp,in 348 kPa 
Pressure 
ratio 
3.83   
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 As in System 2, the required refrigerant temperature in the evaporator is lower for 
the liquid-coupled system than for the strictly air-coupled system.  This is because of the 
necessity of a temperature difference to drive heat transfer.  To obtain a liquid-refrigerant 
counter-flow closest approach temperature of 2°C, the evaporator inlet temperature and 
pressure for System 4 are 5.85°C and 360 kPa, respectively.  Accounting for the 
refrigerant pressure loss across the evaporator and the evaporator discharge line, the 
Table 23: System 4 Heat Exchanger Design Summary 
 htotal Ltotal Ac,total mHX UAtotal 
ACC 0.535 m 0.456 m 0.244 m
2
 2.12 kg 1050 W/K 
LCE 
 
0.041 m 0.401 m - 1.04 kg 1500 W/K 
Air-Liq. HX, 
Evap.-side 1 
0.302 m 0.315 m 0.096 m
2
 0.71 kg 210 W/K 
Air-Liq. HX, 
Evap.-side 2 
0.302 m 0.326 m 0.098 m
2
 0.74 kg 215 W/K 


























- 0.5 Pa 40.5 kPa - - 
Air-Liq. HX, 
Evap.-side 2 
- 0.5 Pa 42 kPa - - 








   Table 24: System 4 Liquid-Coupled Evaporator Design Details 
 tliq,h,o tliq,w,o tliq,t Np,liq wp,liq Nt,liquid 
LCE 1 mm 50.8 mm 0.15 mm 56 0.7 mm 21 
 trefg,h,o trefg,w,o trefg,t Np,refg wp,refg Nt,refg 
LCE 1mm  50.8 mm 0.15 mm 56 0.7 20 
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compressor inlet pressure for System 4 is 348 kPa.  This is lower than the compressor 
inlet pressure for System 3 (392 kPa).  System 4 has a condenser inlet pressure of 1333 
kPa, yielding a pressure ratio of 3.83, while System 3 has a slightly lower condenser inlet 
                           
 
Figure 37: System 4 Heat Exchanger Face Areas 
    Table 25: System 4 Air-Coupled Heat Exchanger Design Details 
 trefg,h,o trefg,w,o trefg,t Np,refg wp,refg 
ACC 1 mm 25.4 mm 0.15 mm 28 0.7 mm 
Air-Liq. 
HX 
1 & 2 
1 mm 25.4 mm 0.15 mm 28 0.7 mm 
 Nt,pass 1 Nt,pass 2 ch cw fp 
ACC 20 20 12.7 mm 25.4 mm 1.27 mm 
ACE 
1 & 2 
23 - 12.7 mm 25.4 mm 1.59 mm 
 ft θ lw li  
ACC 0.127 mm 30° 1.14 mm 22.86 mm  
ACE 
1 & 2 
0.127 mm 30° 1 mm 22.86 mm  
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pressure of 1313 kPa, yielding a pressure ratio of 3.35.  Since the refrigerant mass flow 
rates are similar between the two systems (0.04402 kg/s for System 3 and 0.0466 kg/s for 
System 4), the compressor power is higher for System 4 (1.92 kW) than for System 3  
(1.65), which with the addition of liquid-pumping power, leads to a lower COP for 
System 4 (3.0) than for System 3 (3.35).   
4.2 . System Comparison 
 All of the vapor-compression based systems described above are designed for a 
total heat load of approximately 6 kW. As previously mentioned, total volumetric flow 




/s) total for each 




/s) for each ambient-side heat 
exchanger.  In the systems where there are two conditioned-space-side heat exchangers, 
each heat exchanger processes half the air flow rate.  Refrigerant mass flow rate for each 
system is determined independently to ensure that the design matches desired closest 
approach temperatures as closely as possible. Additionally, the compressor (0.7), pump 
(0.7), and fan/blower (0.5) efficiencies were assumed to be the same for all systems to 
enable comparison based primarily on the key differentiating features, such as the fluid 
coupling scheme.   
 The systems are compared based on three essential characteristics: required 
power, heat exchanger areas and masses, and the required refrigerant charge. 
• Figure 38 shows a p-h diagram with the state points for all four basic systems 
overlaid. 
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• Table 26 presents the refrigerant pressure at the condenser inlet, evaporator inlet, 
and compressor inlet for each system, as well as the pressure ratio and coefficient 
of performance. 
• Figure 39 shows a bar graph with the power consumed by each component within 
each system as well as the total power consumption for each system. 
• Figure 40 shows a bar graph with the total effective heat transfer surface areas 
required to achieve the reported performance.  Figure 41 is a companion to Figure 
40; it shows representative heat transfer coefficients for the different fluids in the 
various components. 
• Figure 42 shows the mass of each heat exchanger within each system, as well as 
the total mass of each system. 
• Figure 43 shows the refrigerant charge of each refrigerant-containing component 
within each system as well as the total refrigerant charge for each system. 
 Figure 38 clearly shows the thermodynamic differences between the four systems.  
The systems with liquid-coupled evaporators (LCEs), Systems 2 and 4, require much 
lower evaporator pressures, 361 kPa and 360 kPa, respectively.  The air-coupled 
evaporators (ACEs) require more moderate evaporator inlet pressures: 430 kPa for 
System 1 and 430 kPa for System 3.  As has been mentioned before, these inlet pressures 
for liquid-coupled evaporators are so much lower because the presence of the 
intermediate liquid between the air and the refrigerant necessitates a second heat transfer 
process, which requires a second temperature difference between the coupling fluid and 
the refrigerant.  With a specified goal for conditioned-space air delivery temperature, the 
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only way to create this temperature difference is to decrease the evaporator refrigerant 
saturation temperature by lowering the evaporator refrigerant pressure.  A second method 
of regulating this temperature difference, though perhaps less effective overall, is to 
change the flow rate of the coupling fluid.  Though it is not directly considered in this 
investigation, varying the flow rate of the coupling liquid alters the change in temperature 
experienced by the liquid.  For the same cooling duty and all other factors being equal, an 
increase in liquid flow rate would decrease the change in temperature. 
   
 
Figure 38: p-h Diagram for all Systems 
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 Figure 38 also clearly indicates the differences in condenser-inlet refrigerant 
pressure between the systems.  Systems 1 and 3, each with air-coupled condensers and 
air-coupled evaporators, require the lowest condenser inlet pressure of 1313 kPa.  System 
4, with evaporator-side liquid coupling and condenser-side air coupling, requires a 
slightly increased condenser inlet pressure of 1333 kPa.  System 2, with liquid coupling 
on both the evaporator and condenser side, required the highest condenser inlet pressure 
of 1492 kPa.  All of the systems have condenser-side air outlet temperature of 
approximately 46°C, and the designated closest approach temperatures would require that 
the fluid directly rejecting heat to the air have a temperature of approximately 49-50°C.  
This accounts for the similar condenser inlet pressures between systems 1, 3, and 4.  The 
inlet pressure is so much different for System 2 because of the higher refrigerant 
temperature (53°C) required to reject heat to the condenser-side coupling liquid.  The 
differences in compressor inlet pressures and condenser inlet pressures leads to 
differences in refrigerant pressure ratio, which accounts for differing compressor power 
given the similar refrigerant mass flow rates.  System 1 has the lowest pressure ratio of 
3.35 with a compressor power of 1.64 kW.  System 2 has the highest pressure ratio of 
Table 26: Comparison of Pressures for all Systems 
 Pcond.,in Pevap.,in Pcomp., in rp COP 
ACC, ACE 1313 430 391 3.35 3.74 
LCC, LCE 1492 361 350 4.27 2.81 
ACC, 2 ACEs 1313 430 392 3.35 3.79 
ACC, LCE, 2 
Air-Liq. HXs 
1333 360 348 3.83 3.0 
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4.27 and the highest compressor power of 2.1 kW.  The pressure ratio and compressor 
power of System 3 are very similar to those of System 1 at 3.35 and 1.65 kW.  System 4 
has an intermediate pressure ratio and compressor power of 3.83 and 1.92 kW.   
 Figure 39 shows what may be an obvious result: more complex systems require 
more power.  System 1 requires the least power.  It is clear that System 2 requires 
additional compressor power as well as the new pumping power for the coupling liquid 
loops.  The total System 2 power consumption is 32% larger than for System 1: 2.19 kW 
compared with 1.66 kW.  Considering the distributed heat load systems, it can be seen 
that System 3 requires less power at 1.67 kW than System 4 at 2.0 kW, a difference of 
20%.  Lastly, it should be noted that the power consumed by the evaporator-side blowers 
and condenser-side fans is similar in each of the systems since the condenser-side air 
flow rates and pressure drops are similar among all the systems as are the total flow rates 
and pressure drops for the evaporator-side heat exchangers.   
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 Figure 40 illustrates another result that is as expected: increasing system 
complexity pertaining to fluid routing increases the number of components and required 
heat transfer areas.  The surface areas that are considered in Figure 40 represent the 
combination of the direct heat transfer surface area and the indirect heat transfer surface 
area through the use of fin efficiencies; therefore, what is compared in Figure 40 is       
effective heat transfer surface area.  Between the two systems with one conditioned-
space-side air-coupled heat exchanger, the required air-side surface areas are similar for 
both the evaporator side and the condenser side.  The evaporator and condenser air-side 
areas for System 1 are 6.7 m
2
 and 8.1 m
2
, respectively.  The air-side surface areas for the 





, respectively.  This similarity is because the air-side heat transfer coefficients, 
which lead to the dominant resistance, are quite similar between the two systems.  For the 
evaporator side, the average air heat transfer coefficients are 77 W/m
2




Figure 39: Required Power Comparison 
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for Systems 1 and 2, respectively.  For the condenser side, the average air heat transfer 
coefficients are 191 W/m
2
-K and 170 W/m
2
-K, for Systems 1 and 2, respectively.  It can 
be seen that the condenser refrigerant-side surface area is smaller for the liquid-coupled 
condenser in System 2 (0.85 m
2
) than the air-coupled condenser in System 1 (1.4 m
2
).  
This trend is also seen between the System 2 liquid-coupled evaporator refrigerant-side 
area (1.2 m
2





Figure 40: Required Heat Exchanger Surface Comparison 
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 Though the total surface areas required by the distributed cooling systems are 
slightly larger than that for the other systems, the observed trends in refrigerant areas are 
the same: the required evaporator refrigerant–side area (1.5 m
2
) is larger than that 
required of the System 4 liquid-coupled evaporator (1.2 m
2
).  The total surface area 
required by System 3 (18.6 m
2
) is 3.5% larger than the total for System 1 (17.9 m
2
).  The 
System 4 total area (19.5 m
2
) is 20% less than the System 2 total (24.4 m
2
), since one 
entire heat exchanger is eliminated by having an air-coupled condenser instead of a 
liquid-coupled condenser.  The increase in surface area required for liquid coupling 
(4.9%) is less significant for the distributed cooling configuration than for the standard 
configuration (36%).  
 
Figure 41: Heat Transfer Coefficient Comparison 
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 The larger surface areas required by the more complex systems is also reflected in 
the larger total system masses, as seen in Figure 42.  Considering the standard 
configuration systems, the total mass of System 1 (3.8 kg) is 66% of the total mass (5.79 
kg) of System 2.  The mass of the liquid-coupled condenser in System 2 (1.05 kg) is 51% 
of the air-coupled condenser mass in System 1 (2.06 kg).  The mass of the liquid-coupled 
evaporator in System 2 (1.02 kg) is 59% of the air-coupled evaporator mass in System 1 
(1.74 kg).  The addition of the condenser-side and evaporator-side air-liquid heat 
exchangers in System 2, 2.26 kg and 1.46 kg, respectively, increases the total mass of 
heat exchangers in System 2.   
 The mass of the heat exchangers in the distributed cooling configuration systems 
is slightly larger than for the standard configuration systems.  The masses of the air-
coupled condensers in Systems 3 and 4 are 2.11 kg and 2.12 kg, respectively.  The 
 
Figure 42: Heat Exchanger and System Mass Comparison 
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masses of the evaporators in Systems 3 and 4 are 1.83 kg and 1.04 kg, respectively  The 
total mass of the heat exchangers in System 3 (3.94 kg) is only slightly larger than the 
total mass of System 1 heat exchangers (3.8 kg).  The total heat exchanger mass of 
System 4 (4.61 kg) is larger than the total mass of System 3 but less than the total mass of 
System 2.   
 Refrigerant charge in each system, depicted in Figure 43, is the measure of the 
mass of refrigerant contained in each system.  The charge in the liquid-coupled condenser 
of System 2 (0.051 kg) is 80% of the charge the air-coupled condenser of System 1(0.064 
kg).  This stands to reason, as the required LCC surface area is also less than the required 
ACC surface area.  The liquid-coupled evaporator of System 2 has a lower refrigerant 
charge (0.0194 kg) than the air-coupled evaporator in System 1 (0.0284 kg).  The longer 
refrigerant containing lines found in System 1 lead to a much higher line charge for 
System 1 (0.0122 kg) than for System 2 (0.028 kg).  Among the standard configuration 
systems, System 2 has the smallest total charge at 0.098 kg as compared with 0.215 kg 
for System 1.  The condenser refrigerant charges for the distributed heat load systems are 
all comparable: 0.06 kg for System 3 and 0.061 kg for System 4.  The charge in the 
liquid-coupled evaporator in System 4 (0.021 kg) is also slightly less than the air-coupled 
evaporators in System 3 (0.022 kg).  The refrigerant charge required in System 3 to reach 
the distant evaporator (assuming actual line lengths of 10 m) is larger than any other 
contribution at 1.26 kg.  The line charge in System 4 is minuscule by comparison at 0.029 
kg.  The total charge in System 3 (1.34 kg) is 1200% of the total in System 4 (0.111 kg). 
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Figure 43: Heat Exchanger and System Refrigerant Charge Comparison 
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CHAPTER 5 
CONCLUSIONS AND RECOMMENDATIONS 
5.1. Conclusions 
 Hydronically coupled vapor-compression systems offer capabilities that are not 
normally present in standard air-coupled systems; however, these come at a price.  A 
liquid-coupled system allows for more flexible placement of the air-coupled components 
since extended refrigerant lines and associated pressure drops are not a factor.  However, 
this capability requires a greater temperature difference between the heat source and heat 
sink to accommodate heat transfer to and from the coupling liquid.  On the evaporator 
side, this leads to lower evaporator inlet pressures, and on the condenser side, this leads 
to higher condenser inlet pressures.  Both of these factors contribute to a larger 
refrigerant pressure ratio across the compressor, necessitating more compressor power. 
 The price of flexible component placement also includes additional heat 
exchangers and their associated masses.  The total mass of a liquid-coupled system will 
be larger than a comparable strictly air-coupled system.  Additionally, having both sides 
of a core system liquid coupled will add another heat exchanger and its mass when 
compared with having only one side liquid coupled.  Liquid coupled systems do show 
conclusive improvement over air-coupled systems when considering total system 
refrigerant charge.  By eliminating longer refrigerant lines, liquid-coupled systems can 
offer significantly diminished total refrigerant charges.  Concerning the charges in 
individual components, the heat exchangers in this investigation were designed with the 
goal of minimizing the mass of a given component.  This may have resulted in designs 
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that were sub-optimal when considering total component refrigerant charge.  If 
minimizing refrigerant charge were the primary goal of a system, this likely could be 
accomplished even on the component level with liquid-coupled systems, as evidenced by 
the liquid-coupled condensers presented earlier.   
 Lastly, it should be noted that the negative differences between air-coupled 
systems and liquid-coupled systems, including total required power, total system surface 
area and mass appear to diminish in relative magnitude as the complexity of the 
comparable air-coupled system increases.  Only two heat loads were considered in this 
investigation, but when even more are present, it appears that a liquid-coupled system 
would require less fundamental alteration to accommodate new requirements than a 
strictly air-coupled solution.  Hydronically coupled vapor-compression systems do offer 
advantages over air-coupled solutions, though these come at a price.  This price will vary 
with every situation; therefore, the applicability of a liquid-coupled solution depends 
upon the importance design goals including refrigerant charge, refrigerant containment, 
total power, number of heat exchangers, and total system mass.   
5.2. Recommendations 
 While this study has provided insight into the benefits and tradeoffs of using 
liquid-coupling for distributed cooling, specifically, additional work can be performed to 
further investigate the available options. 
• This study considered at most two heat loads; however, there is the possibility of 
more heat loads than this, especially if a distributed cooling system were to be 
used to cool various electronic components.  Additional modeling of systems with 
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more and different types of heat loads would help better determine the 
applicability.  
• In addition to the number of heat loads, the magnitude of the heat fluxes and total 
heat loads considered in this study were not very diverse.  If electronics cooling 
were the goal of a hydronically coupled, distributed cooling system, higher heat 
fluxes would likely be encountered.  Additional system modeling would address 
the applicability of hydronically coupled, distributed cooling systems for such 
use.   
• The system modeling in this study only considered the highest system loading 
condition in the hottest environment.  Additional system modeling would 
determine the effect of various ambient conditions and desired conditioned-space 
air delivery temperatures on the performance of a given system design.  Similarly, 
dynamic system modeling would indicate the possible benefits and tradeoffs of a 
hydronically coupled, distributed cooling system with changing ambient 
conditions, such as ambient temperature, desired load, or vehicle velocity. 
• The compressor model used in this study was very simplistic to allow for focus on 
the effects of system configuration.  Integration of a more detailed and realistic 
compressor model would allow for accurate compressor sizing and selection.  A 
more realistic compressor model would also contribute to a better part 
load/dynamic system model.  This would also allow for the investigation of the 
effect of various types of compressors. 
• Lastly, experimental validation of a hydronically coupled, distributed cooling 
system should also be performed. 
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